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The importance of renewable energy sources has been increasing recently caused by 
the growing number of world population and an increasing demand for electricity, providing 
19% of electricity generation worldwide. 
Wind power, a renewable energy source, is growing at the rate of 30% annually, with 
a worldwide installed capacity going from 18 GW at the end of the year 2000, up to 282.4 GW 
at the end of 2012. It is generated using the kinetic energy of the wind through a wind turbine. 
A wind turbine has several components, among these are the tower, blades, nacelle, 
hub, gearbox and the generator. Despite its growth, the wind energy industry has experienced 
high failure rates since the beginning. A majority of these failures occur in the gears and 
bearings, which are under variable speed and loading conditions for the greater part of their 
life. Even nowadays wind turbine gearboxes still haven’t achieved their design life goal of 
twenty years, being that most systems require significant overhaul or repair well before the 
intended life is reached. An increase in efficiency of a wind turbine can be obtained through 
an optimization of the gearbox design. 
The main objective of this work was to analyse the influence of the operating 
conditions (low speed and high torque) and lubricant formulation (different ISO VG 320 wind 
turbine gear oils) in the power loss of a multiplier planetary gearbox. 
Four fully formulated wind turbine gear oils, two mineral (MINR and MINE), a 
polyalkylene Glycol (PAGD) and a Poly-α-olefin (PAOR) were tested in a back-to-back gearbox 
test rig with recirculating power in order to evaluate the power loss performance of each oil. 
Input speeds ranging from 100 to 300 rpm and torques ranging from 500 to 1000 Nm were 
tested. Low speeds and high torques were chosen in order to have conditions similar to the 
ones found in a real wind turbine gearbox. Wear performance was evaluated through oil 
analysis using Direct Reading Ferrography (DRIII), particles concentration (CPUC) and wear 
particles severity (ISUC). 
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A power loss model was implemented aiming to understand the influence of each 
power loss component in the multiplier planetary gearbox. 
  




A importância das fontes de energia renovavéis têm aumentado recentemente devido 
ao crescente número da população mundial e ao consequente aumento das necessidades 
enegéticas, representando actualmente 19% da geração de electricidade mundial. 
A energia eólica, uma das fontes de energia renovável, tem vindo a crescer a uma taxa 
anual de 30% , tendo aumentado de uma capacidade instalada mundial de 18 GW  no final do 
ano 2000 até 282,4 GW no final de 2012. Esta é gerada, utilizando uma turbina eólica, através 
da energia cinética do vento. 
As turbinas eólicas são constituidas por diversos components dos quais se destacam a 
torre, as pás, a nacelle, a caixa de engrenagens e o gerador. Apesar do seu desenvolvimento, 
a indústria da energia eólica tem se deparado, desde a sua origem, com ínumeras falhas. A 
maioria delas ocorrem ao nível das engrenagens e dos rolamentos, por estarem sujeitos a 
velocidades e cargas variáveis durante a sua vida útil. Actualmente, as turbinas eólicas ainda 
não conseguiram atingir a sua esperança de vida prevista de vinte anos, sem necessitarem 
que ocorra uma reparação ou inspecção significaficativa muito antes da esperança de vida 
prevista ser atingida. O aumento da eficiência numa turbina éolica pode ser obtida através da 
optimização da caixa de engrenagens. 
O principal objectivo deste trabalho consistiu no teste de várias formulações de óleos 
para turbinas eólicas com diferentes condições de teste, de forma a medir a perda de binário 
numa caixa de engrenagens planetária multiplicadora. 
Num banco de ensaio com recirculação de potência foram ensaiados quatro óleos 
certificados para turbinas eólicas, dois minerais (MINR e MINE), um polialquilenoglicol (PAGD) 
e uma polilalfaolefina (PAOR). Cada óleo foi testado a num intervalo de velocidades entre 100 
e 300 rpm e num intervalo de binários entre 500 a 100 Nm. Baixas velocidades e elvados 
binários foram utilizados de forma a simular as condições reais de operação de uma turbina 
eólica. As partículas de desgaste resultantes dos testes foram analisadas usando Ferrometria 
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de Leitura Directa (DRIII) e Ferrometria analítica (FRIII). Os indíces de concentração (CPUC) e 
de severidade das partículas (ISUC) também foram avaliados. 
Um modelo numérico de perda de potência foi implementado com base nos dados 
experimentais obtidos nos testes de forma a tornar possível a análise da perda de potência de 
cada componente de uma caixa de engrenagens planetária multiplicadora. 
  




Symbol Units Description 
𝑎 m Centre distance 
𝑎0,1,2,3,4 - Coefficient that depends on the tip contact ratio 
𝐴 m2 External area of the gearbox 
𝑏 m Gear width 
𝐵 mm Width of the bearing 
𝑐𝐴,𝐵 N/m Spring constant of a bearing 
𝐶𝑃𝑈𝐶 - Index of wear particle concentration 
𝐶𝑤 - 
Variable used for the calculation of the frictional 
moment of drag losses 
𝑑 mm Bearing bore diameter 
𝐷 mm Bearing outside diameter 
𝐷𝐿 - Number of large particles 
𝑑𝑚 m Mean diameter of a bearing 
𝐷𝑆 - Number of small particles 
𝑑𝑠ℎ mm Shaft diameter 
𝑑𝑠𝑢𝑛,𝑝𝑙𝑎𝑛𝑒𝑡,𝑟𝑖𝑛𝑔 m Reference diameter of the sun, planet or ring gear 
𝐸∗ Pa Equivalent Young modulus 
𝐹 N Force 
𝑓𝐴 - 
Variable used for the calculation of the frictional 
moment of drag losses 
𝐹𝑟 N Radial force 
𝐹𝑛 N Normal force 
𝐹𝑁
𝑚𝑎𝑥 N Maximum normal force 
𝑓𝑡 - 
Variable used for the calculation of the frictional 
moment of drag losses 
𝐹𝑡 N Tangential force  
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𝐹𝑍 N Force projection over the z axis 
𝑓0 - 
Coefficient that depends on the bearing design and 
lubrication method 
𝐹0 N Preload force 
𝑓1,2 - 
Coefficient that takes into account the direction of 
load application 
𝐺𝑟𝑟 N∙m 
Variable used to calculate the rolling frictional 
moment 
𝐺𝑠𝑙  N∙m 
Variable used to calculate the sliding frictional 
moment 
𝐻 mm Oil level 
ℎ0 m Film thickness 
ℎ0𝑇 m Corrected film thickness 
𝐻𝑣 - Gear loss factor 
𝐼𝑆𝑈𝐶 - Index of wear severity 
𝐾 W/m∙K Thermal conductivity 
𝐾𝑎 N 
Constant that depends on the gearbox 
manufacturer specifications 
𝐾𝑏𝑎𝑙𝑙,𝑟𝑜𝑙𝑙 - Rolling element related constant 
𝐾𝑟𝑠 - Replenishment/starvation constant 
𝐾𝑍 - Bearing type related geometric constant 
𝑖𝑟𝑤 - Number of rows of the bearing 
ℓ m Average sum of contacting lines length 
𝐿 - Thermal parameter of the lubricant 
𝑙𝐷 - 
Variable used for the calculation of the frictional 
moment of drag losses 
𝑙𝑔 - 
Parameter for the calculation of  
𝑎0,1,2,3,4 
𝑚 m Module 




Parameter for the calculation of  
𝑎0,1,2,3,4 
𝑀 N∙m Total frictional moment of a bearing 
𝑀𝐴,𝐷,𝑒𝑥𝑡,𝑀𝑜𝑡 N.m 
Moment or torque (the index is related to the 
application point) 
𝑀𝑑𝑟𝑎𝑔 N∙m Frictional moment of drag losses 
𝑀𝑟𝑟 N∙m Rolling frictional moment 
𝑀𝑠𝑒𝑎𝑙  N∙m Frictional moment of the bearing seal 
𝑀𝑠𝑙  N∙m Sliding frictional moment 
𝑛 rpm Rotational speed 
𝑛𝑠ℎ  Rad/s Rotational speed of the shaft 
N - Number of planets 
𝑛𝑔 - 
Parameter for the calculation of  
𝑎0,1,2,3,4 
𝑝 Pa Pressure 
𝑃𝑎 W Transmitted power 
𝑝𝐻 N/mm
2 Contact pressure 
𝑝𝑅 N/mm
2 Reference value for contact pressure 
𝑃𝑉 W Global power loss 
𝑃𝑉𝐷 W Seals power losses 
𝑃𝑉𝐿0 W Bearings no-load power losses 
𝑃𝑉𝐿𝑃 W Bearings load power losses 
𝑃𝑉𝑍0 W Gears no-load power losses 
𝑃𝑉𝑍𝑃 W Gears load power losses 
?̇?𝑐𝑑 W Heat flow rate due to conduction 
?̇?𝑐𝑣 W Heat flow rate due to radiation 
?̇?𝑟𝑎𝑑 W Heat flow rate due to radiation 
?̇?𝑡𝑜𝑡𝑎𝑙 W Total heat flow rate 
𝑅𝑎 m Arithmetic mean roughness 
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𝑟𝑏 m Radius at the base 
𝑅𝑠 - 
Variable used for the calculation of the frictional 
moment of drag losses 
𝑅𝑋 m Equivalent radius 
𝑅1,2 - Geometric constants for rolling frictional moment 
𝑡 - 
Variable used for the calculation of the frictional 
moment of drag losses 
𝑇 K Temperature 
𝑇𝑜𝑖𝑙 °𝐶 Oil temperature 
𝑇𝑟𝑜𝑜𝑚 °𝐶 Ambient room temperature 
𝑇𝑉𝐿 N∙m Total frictional moment of a needle bearing 
𝑇𝑉𝐿0 N∙m 
No-load component frictional moment of a needle 
bearing 
𝑇𝑉𝐿𝑃1,2 N∙m 
Load component frictional moment of a needle 
bearing 
𝑢 - Gear ratio 
𝑈 - Speed parameter 
𝑈1,2 m/s Velocity of each surface 
𝑣 m/s Tangential speed 
𝑉𝑒 - Sliding ratio 
𝑉. 𝐼. - Viscosity index 
𝑉𝑀 - Drag loss factor 
𝑣𝑅,𝐸𝐻𝐷 m/s 
Reference value of speed for fluid friction from a 
test 
𝑣Σ m/s Sum velocity at pitch point 
𝑊 - Load parameter 
𝑌 - Axial load factor for single row bearings 
Z - Number of teeth 
𝛼 Pa-1 Coefficient of piezoviscosity 
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𝛼𝐸𝐻𝐷 - Pressure exponent for fluid friction from a test 
𝛼𝑡 Rad Transverse pressure angle 
𝛼𝐹 - Pressure exponent for solid friction from a test 
𝛼𝐹𝑆𝐾𝐹 ° Variable used to calculate 𝐺𝑟𝑟 
𝛼ℎ𝑒𝑎𝑡 W/m∙K Heat transfer coefficient 
𝛽 K-1 Thermoviscous coefficient 
𝛽𝑏 Rad Base helix angle 
𝛽𝐸𝐻𝐷 - Speed exponent for fluid friction from a test 
𝛽𝐹 - Speed exponent for solid friction from a test 
𝛾𝐸𝐻𝐷 - Viscosity exponent for fluid friction from a test 
Δ𝑇 °𝐶 Stabilized operating temperature 
𝜖𝛼 - Transverse contact ratio 
𝜖1,2 - Tip contact ratio, pinion and gear 
𝜂 Pa.s Dynamic viscosity 
𝜂0 Pa∙s Dynamic viscosity at the oil bath temperature 
𝜂𝑅 Pa∙s Dynamic viscosity reference value from a test 
𝜃 °𝐶 Temperature 
Λ - Specific film thickness 
𝜇𝑏𝑙 - 
Coefficient that depends on the additive package 
of the lubricant 
𝜇𝐸𝐻𝐷 - Fluid friction coefficient 
𝜇𝐸𝐻𝐷,𝑅 - Reference value of the fluid friction coefficient 
𝜇𝐹 - Solid friction coefficient 
𝜇𝐹,𝑅 - Reference value of a solid friction coefficient 
𝜇𝐼𝑆𝑂,𝑚𝑖𝑐ℎ,𝑀 - Coefficient of friction 
𝜇𝑠𝑙  - Sliding friction coefficient 
𝜈 cSt Kinematic viscosity 
𝜉 - Portion of fluid film 
𝜙𝑏𝑙 - Weighting factor for the sliding coefficient 
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𝜙𝑖𝑠ℎ - Inlet shear heating reduction factor 
𝜙𝑟𝑠 - 
Kinematic replenishment/starvation reduction 
factor 
𝜙𝑇  - Inlet heating influence 
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1. Wind turbines 
The growing number of world population and an increasing demand for electricity 
emphasize the importance of renewable energy sources like wind, hydropower, solar, 
geothermal and wave energy. 
Renewable energy provides 19% of electricity generation worldwide. Wind power is 
growing at the rate of 30% annually, with a worldwide installed capacity going from 18 GW at 
the end of the year 2000, up to 282.4 GW at the end of 2012 (as shown in Figure 1) [1]. 
 
Figure 1. Global cumulative installed wind capacity 1996-2012 [1]. 
Wind power is obtained using wind turbines. Wind turbines work by turning the kinetic 
energy of the wind into torque (mechanical energy) that causes the turbine to turn. The 
generator uses this turning motion to spin a magnetic rotor inside the generator housing that 
is surrounded by loops of copper wire. As the rotor spins around the inside of the core it 
excites "electromagnetic induction" through the wire that generates an electrical current. 
Wind turbines can be divided into two main types: the horizontal-axis wind turbine 
(HAWT) and the vertical-axis wind turbine (VAWT).  
The key components of horizontal-axis wind turbines are: the tower, blades, nacelle, 
hub, gearbox and the generator (as shown in Figure 2). The blades capture the kinetic energy 
of the wind. The number of blades in HAWT can vary being defined by the need to seize the 
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maximum amount of wind passing through the turbine, the size of the turbine itself and the 
cost. While increasing the number of blades may result in a gain in power and energy it will 
not justify the additional cost. Blades are typically manufactured from composite materials. 
The blades are connected to a hub which is the connection point between the blades and the 
rotor. The generator in a large scale HAWT usually is a 3-phase AC generator. Typically 
generators operate at high rotational speeds and therefore it is necessary to have a gearbox 
to increase the rotational speed from the rotor to match the requirements of the generator. 
The gearbox, generator and rotor are all housed in the nacelle. The tower usually has a slightly 
conical shape and is hollow inside. Turbine towers normally are higher than 40m since there 
is a correlation between the wind speed and the height. Therefore to capture the maximum 
amount of wind the blades and nacelle are hoisted on the tower.  
 
Figure 2. Main components of a horizontal-axis wind turbine [2]. 
Despite its growth the wind energy industry has experienced high failure rates since 
the beginning. A majority of these failures occur in the gears and bearings, which are under 
variable speed and loading conditions for the greater part of their life. Because of this reason 
under-estimation of the operating loads and gearbox design errors were abundant on the 
early wind turbine designs. But through a joint effort of wind turbine manufacturers, gear 
designers, bearing manufacturers, consultants, and lubrication engineers to improve load 
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wind turbine design. This collaboration resulted in internationally recognized gearbox wind 
turbine design standards [3] [4].  
Regardless of the adherence to these accepted design practices, wind turbine 
gearboxes still haven’t achieved their design life goal of twenty years, being that most systems 
require significant overhaul or repair well before the intended life is attained. 
Fixing a gearbox may include removing it from the tower. As such, multiple cranes must 
be used in order to remove the nacelle and rotor making it possible to hoist the gearbox to 
the ground. To compensate the cost of bringing a crane in to remove the gearbox, owner-
operators of wind farms frequently wait until there are a substantial number of turbines with 
a failure. In the meanwhile the turbines are no longer generating electricity meaning that 
production capacity is being lost [3] [5]. 
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2. Overview of lubricants 
A lubricant is any substance that is used to reduce friction and wear to provide smooth 
running and a satisfactory life for machine elements. The main purpose of a lubricant is to 
provide the fluid layer to separate moving surfaces. It also removes heat and wear particles 
whilst minimizing friction. Most lubricants are liquids (like mineral oils, the synthetic esters 
and silicone fluids), but they may be solids (such as polytetrafluoroethylene) for use in dry 
bearings or gases (such as air) for use in gas bearings. An understanding of the physical and 
chemical interactions between the lubricant and the tribological surfaces is necessary if the 
machine elements are to be provided with satisfactory life. This chapter is mostly based on 
the information presented on [6]. 
There’s a wide range of lubricants available on the market nowadays. The main types 
of lubricants are: liquid lubricants, lubricant greases, solid lubricants and gaseous lubricants. 
2.1. Liquid lubricants 
Liquid lubricants are the most used kind of lubricant and they can be classified 
according to their origin as: vegetable, animal, mineral and synthetic. 
2.1.1. Vegetable and animal oils 
Vegetable and animal oils were the first lubricants to be used by mankind. Yet because 
these lubricants failed to meet certain requisites imposed by an increase in demand of the 
operating conditions and because of their chemical inertia these were gradually replaced by 
petroleum, and more recently by, synthetic based oils. Low resistance to high temperatures 
and rapid oxidation are examples of other disadvantages found in this type of liquid lubricant. 
In spite of their abandonment these lubricants, compared to mineral oils, actually 
present some advantages worth of noting like their high viscosity index, low evaporation rate 
and, probably their most important characteristic, a fast biodegradability. This property, 
biodegradability, is as a matter of fact the one that stands out the most since due to increasing 
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environmental worries and demands there has been an increase in the use of this kind of oil 
especially in Nordic countries where it’s used, for example, to lubricate forestry equipment. 
2.1.2. Mineral based oils 
 Crude oil results from physical and chemical processes acting over many million years 
on the buried remains of plants and animals (e.g. zooplankton and algae). Each oilfield, a 
region with an abundance of oil wells extracting crude oil, produces a different crude oil which 
varies in chemical composition and physical properties [7]. 
Hydrocarbons are organic compounds composed exclusively of carbon and hydrogen 
that can be found in all crude oils and can be further subdivided into the following:  
 Alkanes, known as paraffins, with saturated linear or branched-chain structures; 
 Alkenes, known as olefins, unsaturated molecules, but comparatively rare in crude 
oils; 
 Alicyclics, known as naphthenes, are saturated cyclic structures based on five- and 
six-membered rings; 
 Aromatics, cyclic structures with conjugated double bonds, mainly based on the 
six-membered benzene ring.  
2.1.2.1. Paraffin basis 
Paraffinic base oils are produced from crude oils of relatively high alkane content. 
Paraffinic base oils are characterised by good viscosity/temperature characteristics, i.e. high 
viscosity index, low freeze point and by a great oxidation resistance and a low specific weight. 
Paraffin based oils are also elastomer friendly which is a favourable characteristic.  
2.1.2.2. Naphthenic basis  
Naphthenic base oils are made from a more limited range of crude oils than paraffinic 
base oils, and in smaller quantities, at a restricted number of refineries. Important 
characteristics of naphthenic base oils are their naturally low pour points, because they are 
wax-free, and excellent solvency powers. They have a low/medium viscosity index, but they 
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are used in a wide range of applications where this is not a problem. They also have a high 
specific weight, high freezing point and a low resistance to oxidation. Unlike paraffin based 
oils they are relatively aggressive to the elastomers used on seals. 
2.1.2.3.  Other mineral oils 
Paraffins and naphthenes can also be mixed to obtain different mineral based oils. 
These are largely used as lubricants because it allows for a combination of the following 
properties: 
 Availability on a wide range of viscosities; 
 Low volatility; 
 Good/high degradation resistance; 
 Creation of a good corrosion protection; 
 Low price. 
2.1.3. Synthetic based oils 
Synthetic based oils are lubricants synthetized from hydrocarbons or from its 
constitutive elements, having at its basis petroleum derived products, vegetable oils, and 
others. Synthetic lubricants were not commercially significant until after the Second World 
War. Since, in general, the improved properties of lubricants achieved with early synthetic 
base stocks could be obtained more cost effectively by improved formulations based on 
mineral oils. 
The development of synthetic lubricant technology was stimulated by the requirement 
for lubricants to perform over increasing temperature ranges, led by military and aero-engine 
performance. Nowadays synthetic lubricants can be found in all areas of lubrication like 
automobiles, trucks, marine diesels, transmissions and industrial lubricants, as well as aviation 
and aerospace lubricants. 
Generally synthetic based oils perform better than the mineral based ones specially 
when referring to oxidation resistance, viscosity index and the coefficient of friction. The 
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significance of its usage is greater at higher and lower temperatures. However its cost is 
significantly higher than the mineral oil based. There is a huge array of synthetic oils.  Some of 
these are: Synthetic hydrocarbons, polyglycols, esters and silicons. 
2.1.3.1. Synthetic hydrocarbons 
The most common types among synthetic hydrocarbons are polyalphaolefins (PAO) 
and benzenes.  
Their chemical structure is similar to that of mineral hydrocarbons. They also show 
good compatibility with elastomers that are usually used on seals, a good miscibility with 
mineral oils as well as an excellent behaviour at low temperatures. They possess an excellent 
thermal stability but anti-oxidation additives are needed.  
Synthetic hydrocarbons can be used to obtain lubricants that fulfil the requirements 
needed by the food and pharmaceutical industry. 
2.1.3.2. Polyglycols 
Polyglycols are characterized by a low coefficient of friction making them particularly 
interesting for high sliding applications, e.g. worm gears.  Generally these have a limited 
miscibility with mineral oils.  
A careful assessment of the compatibility with seals and other polymers must be made 
in cases where the operating temperature is above 100 °𝐶. 
2.1.3.3. Esters 
Ester based oils are the product of a reaction between acids and alcohols followed by 
water separation. A wide range of esters are available and each one has its own characteristics 
that will influence the final lubricant properties. 
Esters have high thermal resistance and an excellent behaviour at low temperatures.     
These oils are also biodegradable but beyond that they are also rapidly degraded. This 
characteristic is highly relevant when choosing a lubricant since nowadays environmental 
    
9 
 
issues are of major importance. A coefficient of friction similar to those of polyglycols can also 
be attained with an adequate choice of the ester basis. 
A disadvantage of some esters is its low hydrolytic stability. This depends not only on 
the ester type but also on the additive package used on the final lubricant. 
2.1.3.4. Silicones 
Silicones are chemically inert, fire resistant and non-toxic. They also have a high 
resistance to oxidation at high temperatures, good thermal stability and are not mixable with 
water. 
2.1.4. Lubricant Greases 
Grease lubrication is a complex mixture of science and engineering, requires an 
interdisciplinary approach, and is applied to the majority of bearings worldwide.  
Lubricant greases result from the dispersion of a thickening agent on a lubricant oil. It 
is a viscoelastic plastic solid, therefore, a liquid or solid, depending on the applied physical 
conditions of stress and/or temperature. The characteristics of these lubricants are dependent 
upon the properties of the thickener, base oil and additives. 
A thickening agent or thickener, generally, can be either a soap, like aluminium, 
barium, calcium, lithium, sodium and strontium, or a non-soap, like organiphilic clays, 
polyureas and inorganic compounds. A grease can be more than a lubricant since it is often 
expected to perform as a seal, corrosion inhibitor, shock absorber and as a noise suppressant. 
Lubricant greases are used when continuous oil lubrication is not technically or 
economically viable and when the protection against outside contaminants or against outside 






2.2. Solid lubricants 
A solid lubricant is any solid material constituted by organic or inorganic compound 
used to reduce friction and wear between two moving surfaces. Solid lubricants are used in 
many cases, for example when bearings are used under vacuum, at very high temperatures or 
under very high radiation and therefore cannot be lubricated by liquid lubricants or greases. 
In general, the solid material is interposed as a film between sliding and/or rolling surfaces.  
2.2.1. Inorganic solid lubricants 
There are three different types of compounds used as inorganic solid lubricants: 
gelatinous solids, soft solids mixtures and surface coating protection by chemical reaction with 
the surface. 
Gelatinous solids use materials like graphite and molybdenum disulphide laid in layers. 
Easy sliding between the layers occur since inter atomic forces inside a layer are high while 
inter atomic force of the interface between layers is quite weak. 
Soft solid mixtures like lead calcium oxide, talc, silver iodide and lead monoxide that 
are among a huge variety of inorganic solids, are used as lubricants 
There are countless compounds that can chemically react with the surface creating a 
surface coating that protects the said surface. Well known surface coatings among these 
compounds are chlorides, oxides, phosphates and sulphides. 
2.2.2. Organic solid lubricants 
There are two categories of organic solid lubricants. The first are soaps, waxes and fats 
while the other are polymeric films.  
In the soaps, waxes and fats are included metallic soaps like calcium, sodium and 
lithium as well as beeswax and fatty acids. Polytetrafluoroethylene (PTFE or Teflon®) and 
polychlorotrifluoroethylene (PCTFE) are synthetic substances that belong to the polymeric 
films category which are known for having a great resistance to environmental aggression.  
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2.3. Gaseous lubricants 
Both gaseous and liquid lubrication are based on the principles of hydrodynamic 
lubrication however gaseous lubricants have lower viscosity and higher compressibility thus 
resulting in lower film thicknesses and load carrying capacities.  
Air, water vapour and industrial gases are examples of gaseous lubricants. 
2.4. Additives 
Additives, firstly used during the 1920s, are chemical compounds that are added to 
lubricating oils in order to impart specific properties to them. Some additives add new and 
useful properties to the lubricant while others enhance properties already present and/or act 
to reduce the rate at which undesirable changes take place in the product during its service 
life. 
Additives and the performance benefits they provide allowed a much faster 
development of modern passenger car engines, automatic transmissions, hypoid gears, 
railroad and marine diesel engines, high speed gas and steam turbines, and industrial 
processing machinery, as well as many other types of equipment. 
Actually, today, practically all types of lubricating oil contain at least one additive, and 
some oils contain additives of several different types. The amount of additive used in a 
lubricant can vary, going from a few hundredths of a percent to 30% or more. 
2.4.1.1. Viscosity index improvers  
The most important property of a lubricating oil is probably its viscosity. Viscosity index 
improvers are used to increase the viscosity index of the oil base, in other words, it diminishes 
its viscosity at low temperatures and/or increases it at high temperatures.  
So, high viscosity index (VI) indicates a relatively low rate of change of viscosity with 
temperature while a low VI indicates a relatively high rate of change of viscosity with 
temperature. For example, considering a high VI oil and a low VI oil with the same viscosity at 
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room temperature, with an increased temperature, the high VI oil will thin out less and, 
therefore, will have a higher viscosity than the low VI oil. 
This improvement occurs by adding high molecular weight polymers like 
polyisobutylenes and polymethacrylates and fatty alcohol esters. 
These additives are used in engine oils, automatic transmission fluids, multipurpose 
tractor fluids, hydraulic fluids and in automotive gear lubricants. 
2.4.1.2. Anti-wear and extreme-pressure additives 
Anti-wear (AW) and extreme-pressure (EP) additives reduce or eliminate friction and 
wear at extreme lubrication conditions. They can be separated into three categories: lubricity 
agents, anti-wear additives and extreme-pressure additives. 
 Lubricity agents are added to the base oils in order to diminish the coefficient of 
friction on limit film lubrication conditions. The kind and quantity used should be selected 
accordingly with the application requirements. Lubricity agents are used to fight “quawk” and 
“schatter” phenomena and to avoid phenomena like “stick-slip”. 
Anti-wear additives increase the anti-wear properties of the base oil by forming a 
protective film from a reaction with the metallic surfaces on contact. Zinc 
dialkyldithiophosphates (ZDDP), phosphorous compounds, zinc compounds and other alkaline 
compounds are commonly used as anti-wear additives.  
Extreme pressure additives form extremely durable protective films by thermo-
chemically reacting with the metal surfaces. When rupture of the lubricant film occurs, due to 
high sliding speeds and/or high contact pressures, the film created by the EP additives that 
can withstand extreme temperatures and mechanical pressures will minimize the adhesion of 
the surfaces, thereby protecting them from scoring and seizing. 
EP additives are usually added to gear lubricants when the contact pressure between 
teeth is higher than 700 MPa. When formulating lubricants with this additives, thermal and 
chemical stability must be ensured since EP additives are prone to induce lubricant instability. 




Exposure of hydrocarbons to oxygen and heat will accelerate the oxidation process. 
Antioxidants additives are used to avoid, delay or modify this reaction. 
Oxidation generally results in formation of the following compounds: resins, lacquers, 
insoluble asphaltic compounds, acidic compounds and hydroperoxides. The addition of 
antioxidant additives to lubricating oils prevents the formation of all these compounds. 
The antioxidant additive can work by directly affecting the lubricant oil, or by affecting 
the metallic surfaces.  
The internal combustion engine is an excellent chemical reactor for catalysing the 
process of oxidation. Also, the engine's metal parts, such as copper and iron, act as effective 
oxidation catalysts. Thus, engine oils are probably more susceptible to oxidation than any 
other lubricant application. 
The base lubricant oil should be meticulously refined and its anti-corrosion additives 
should be carefully selected in order to have the desired stability and corrosion resistance. 
2.4.1.4. Other additives 
There are other types of additives added to lubricants like: 
 Detergents – Used to avoid the formation of deposits of extremely viscous 
compounds on the lubricant; 
 Corrosion inhibitors – These are usually the same additives as antioxidants, 
since oxidation can result on the formation of acid components that can 
deteriorate the surfaces; 
 Surface oxidation inhibitors – By interacting physically or chemically with 
certain metals, these can form a continuous and extremely strong layer over 




  Foam inhibitors – The most used foam inhibitor is silicon. Usually foam 
inhibitors are extremely effective because only a few parts per million are 
enough to attain the desired effect. These avoid foam formation caused by 
intense lubricant agitation during operation. It can be used on any type of 
liquid lubricant.  
2.5. Physical properties of the lubricant oils 
The physical properties of lubricants are mostly defined by the base oil [6] [8] [9] [10] 
[11].  
2.5.1. Viscosity 
In hydrodynamic and elastohydrodynamic lubrication the most important physical 
property of a lubricant is its viscosity. The viscosity of a fluid may be associated with its 
resistance to flow, that is, with the resistance arising from intermolecular forces and internal 
friction as the molecules move past each other. So, Fluids with a high viscosity don’t flow easily 
while fluids with a lower viscosity flow very easily. The afore mentioned resistance can be 
calculated using Newton’s formula relative to the laminar flow between a mobile surface with 
a velocity V and a fixed surface (see Figure 3).  
 
Figure 3. Laminar flow between two planar surfaces. 
Since there is relative movement between both surfaces and the no slip boundary 
condition needs to be verified, it is obvious understanding that there will be different “layers” 
of fluid moving at different speeds ranging from 0 to V.  
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At any given distance, y, from the fixed surface the speed of the fluid will be v, so at a 
y+dy distance the speed will be v+dv. Hence, the shear stress, τ, can be given by:  
 
𝜏 = 𝜎𝑧𝑦 = 𝜂
𝑑𝑣
𝑑𝑦
 Equation 2.1 
Where η is the dynamic viscosity, a characteristic coefficient of the fluid. 
This mathematical hypothesis proposed by Newton in 1687 can be experimentally 
verified for many fluids. These fluids are accordingly called as Newtonian fluids. Among 
Newtonian fluids are water and several lubricating oils. 
If the stated linear relationship isn’t valid then the fluid can be classified as non-
Newtonian. 
The rheological behaviour of a lubricant is the law that defines and describes the 
relationship between the deformation speed and the applied shear stress. The rheological 
model used for Newtonian fluids is stated in Equation 2.1. 
 
Figure 4. Shear stress vs. Shear rate for different types of fluids, including common non-
Newtonian fluids. 
 The dimensional equation of the dynamic viscosity can be found by doing a 
dimensional analysis of Equation 2.1. 


















So by dividing the dynamic viscosity by the bulk density of the fluid the kinematic 




 Equation 2.3 
The dimensional equation of kinematic viscosity is presented in Equation 2.4. 
 𝜈 = 𝐿2𝑇−1 Equation 2.4 
Kinematic viscosity is commonly used in lubrication. 
The units of both dynamic and kinematic viscosity are summed up in Table 1: 
Table 1. Viscosity units. 
Viscosity Dimension C.G.S. S.I. Correspondence 
Dynamic ML-1T-1 Poise = [Po] Pascal second = [Pa∙s] 1 [cPo] = 1 [mPa∙s] 
Kinematic L2T-1 Stokes = [cm2/s] [m2/s]; 1 [cSt] = 1 [mm2/s] 
 
2.5.1.1. Viscometry 
A viscometer is an instrument used to measure the viscosity of a fluid. These can be 
divided into two main categories: absolute viscometers and empirical viscometers. 
There are several types of absolute viscometers: capillary viscometers, Couette’s 
viscometers and disc and cone viscometers.  
Capillary viscometer measure the viscosity of a liquid by measuring the how long it 
takes the liquid to flow through a small-diameter tube, or capillary. These can measure with a 
precision higher than 0.3 %. 
Couette’s viscometer, also known as rotational viscometer, measures the resistant 
torque of the fluid that is filling the space between two vertical coaxial cylinders. The inner 
cylinder is rotated at a constant rate while the outer cylinder remains motionless. 
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The disc and cone viscometers works by using the same principle as the Couette 
viscometer, using a conic surface and a fixed plane instead of two cylinders. 
There are specific mathematical equations used to determine the viscosity for each 
absolute viscometer that are a function of several physical parameters. 
Empirical viscometers are used for industrial measurements. The most common 
empirical viscometers are: Saybolt (USA), Redwood (UK) and Engler (Continental Europe). The 
measurement in these devices is done by the means of a comparison between the time it 
takes for a certain volume of fluid to completely flow off a recipient and the corresponding 
time a reference fluid.  The viscosities are determined at a constant temperature and each 
viscometer has its own viscosity unit. 
Since the flow on empirical viscometers does not occur at steady state, the law used 
to determine the viscosity will have to be an empirical law. 
2.5.2. Viscosity variation with temperature 
The viscosity of most fluids is greatly depending on the temperature. Water, for 
example, has a variation of around 2.5%, when near 20 °𝐶, while mineral oils can have 
variations of 10% up to 15%. This variation displays itself as a decrease of viscosity with an 
increase of temperature. 
2.5.3. Viscosity Index 
The viscosity index was created out of a need to differentiate the reaction of different 
oil grades to similar temperature variations. Dan and Davis, in 1929, classified every known oil 
according to their kinematic viscosity value (SUS) at 210 °𝐹 (98.8 °𝐶). They chose, between all 
the oils with the same viscosity at 210°𝐹, the oil with the highest, a naphthenic oil, and the 
lowest, a paraffinic oil, viscosity at 100°𝐹 (37.8°𝐶). They gave an index number of 100 to the 










× 100 Equation 2.5 
Where L and H are the viscosities of the reference oil at 100°𝐹 and U is the viscosity, 
at the same temperature, of the required oil. As shown in Figure 5: 
 
Figure 5. Viscosity index definition. 
Temperatures of 40°𝐶 and 100°𝐶 are used for the calculation of the viscosity index 
instead of 210°𝐹 and 100°𝐹 in Europe and the U.S.A. since 1975. 
Also worthy of mentioning is the fact that the viscosity index, by itself, is not enough 
to fully characterize an oil since, generally, two oils with the same viscosity index do not exhibit 
the same viscosity variation with temperature. 
2.5.4. Thermoviscosity 
Thermoviscosity represents how viscosity changes with temperature variations. There 
are several mathematical expressions that try to represent this relationship. The simplest was 
proposed by Cameron (Equation 2.6): 
 𝜈1 = 𝜈0𝑒
−𝛽Δ𝜃 Equation 2.6 
Where:  
 ν1 is the lubricant’s kinematic viscosity at θ1 temperature;  
 ν0 is the lubricant’s kinematic viscosity at θ0 temperature; 
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 β is the thermoviscous coefficient; 
 Δθ= θ1 - θ0 is the lubricant’s temperature variation.  
The Equation 2.6 is only valid for small temperature variations and it can be 








 Equation 2.7 
ASTM D341 also proposes an equation (Equation 2.8) to calculate the viscosity-
temperature behaviour of a lubricant. This equation is widely used. 
 𝐿𝑜𝑔𝐿𝑜𝑔(𝜈 + 𝑎) = 𝑛 − 𝑚𝐿𝑜𝑔(𝑇) Equation 2.8 
Where: 
 ν is the kinematic viscosity [cSt]; 
 T is the temperature [K]; 
 m, n and a are experimentally determined lubricant dependent constants. 
For oils with ν > 0.2 [mm2/s] the value of a will be a = 0.7 [12]. 











 Equation 2.9 
 And Equation 2.10. 
 𝑛 = 𝐿𝑜𝑔𝐿𝑜𝑔(𝜈0 + 𝑎) + 𝑚𝐿𝑜𝑔(𝑇0) 
or, 
𝑛 = 𝐿𝑜𝑔𝐿𝑜𝑔(𝜈1 + 𝑎) + 𝑚𝐿𝑜𝑔(𝑇1) 
Equation 2.10 
The values of temperature should be in 𝐾 when the variable is stated as T0,1 or in °𝐶 
when the variable is stated as θ0,1. 
The value of β can now be obtained with more accuracy according to Equation 2.11 







 Equation 2.11 
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There is yet another equation that can be used to determine the thermoviscosity. It is 
the Vogel’s equation (Equation 2.12). 
 
𝜈 = 𝐾𝑒  
𝑏
𝜃+𝑐 Equation 2.12 
Where: 
 ν is the kinematic viscosity, [cSt], of the lubricant at θ temperature; 
 K, b, c are experimentally determined lubricant dependant  constants; 
 θ is the temperature [°𝐶]. 





 Equation 2.13 
A comparison between the results given by the mentioned laws and experimental 
values are represented in Figure 6. 
 
Figure 6. Kinematic viscosity variation with temperature for MOBIL Jet oil II, according to 
Cameron, ASTM D341 and Vogel laws [6]. 
2.5.5. Viscosity variation with pressure 
Generally, most lubricants have an increase of viscosity with pressure. This 
phenomenon is of great importance in practical applications since the lubricant can be 
submitted to pressures of about 109 Pa during operation in rolling bearings and gears.  
This variation of viscosity with pressure is of an exponential type. This behaviour 
depends on the lubricant’s nature and is more relevant for naphthenic than paraffinic oils. 




The way lubricants behave under extreme pressures, (0.5 to 4 GPa), found in 
elastohydrodynamic (EHD) lubrication is of extreme importance since piezoviscous properties 
are extremely relevant on the film thickness generation.  
If the lubricant is tested on a viscometer at high pressure and with a constant ambient 
temperature, Baru’s law can define the relationship between pressure and viscosity, as shown 
in Equation 2.14. 
 𝜂𝑠 = 𝜂0𝑒
𝛼𝑝 Equation 2.14 
 Where: 
 ηs is the dynamic viscosity at a p pressure; 
 η0 is the dynamic viscosity at a pressure p=0; 
 α is the coefficient of piezoviscosity, [Pa-1]. 
In Equation 2.14 it’s considered that the coefficient of piezoviscosity, α, is independent 
of pressure and that it is defined at the temperature of the oil in the contact inlet. Equation 
2.14 is also inadequate for pressures above 0.5 GPa and for high ambient temperatures. 
2.5.7. Viscosity variation with shear strain rate 
For Newtonian fluids, the shear strain rate imposed on the lubricant film has no 
influence on the dynamic viscosity. If the shear strain rate affects the lubricant viscosity then 
the lubricant will be a non-Newtonian fluid. This can be observed in Figure 7. 
 




 Sometimes lubricants may operate under extremely high shear strain rate conditions 
which causes a decrease in viscosity. So a rheological model that takes into account the effects 
of pressure, temperature and shear strain rate needs to be established, since, under these 
conditions, Newton’s model is no longer valid. 
2.5.8. Amorphous state of the lubricant 
If a lubricant is cooled down, at constant pressure, its viscosity will progressively 
increase until it reaches a viscosity value of 1013 Pa∙s. Furthermore, when the temperature 
surpasses a certain value, vitreous transition temperature, the lubricant will display a 
behaviour similar to that of an amorphous solid. 
The same transformation occurs if the temperature is kept constant and the 
temperature is progressively risen. 
The pressures and temperatures inside EHD contact are enough for such a 
transformation to take place or, at least, for extremely high viscosities to be observed. 
2.5.9. Bulk density and specific gravity 
Bulk density is defined as the ratio between the mass of a body and its volume kg/m3. 
The bulk density of a lubricating oil varies with temperature although this variation is 
insignificant when calculating the specific film thickness on a contact. 
But the variation of bulk density with pressure is of high importance and very relevant 
for the calculation of the lubricant film thickness in a contact. 
Specific gravity is defined as the ratio between a given material and water’s bulk 
density. 
2.5.10. Thermal conductivity 
Thermal conductivity is the heat flow transferred due to a unitary temperature 
gradient per unit of time in a normal direction to a surface of unitary area. Heat transfer occurs 
at a higher rate across materials of high thermal conductivity than across materials of low 
thermal conductivity. This property has a linear variation with temperature and its unit is 
W/m∙K. 
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2.5.11. Specific Heat 
Specific heat specifies the amount of energy needed to have a temperature variation 
of a single degree for a unitary mass. Like the thermal conductivity, specific heat varies linearly 
with temperature. Its unit is J/kg∙K. 
2.5.12. Thermal diffusivity 
Thermal diffusivity is the property that describes the propagation of temperature on 
bodies. Being defined as the ratio between thermal conductivity and the product of the bulk 
density by its specific heat. Its unit is m2/s. 
2.5.13. Lubricant oil specifications 
There are two types of specifications available for lubricant oils: viscosity specifications 
and service specifications. 
Viscosity specifications can be established according to two main purposes: 
 Identification: there are refining or manufacturing specifications that take into 
account tolerances for certain ranges of viscosity; 
 Usage: these are imposed by consumers and they take into account the use 
given to the lubricant oils. There are certain ranges of maximum and minimum 
viscosity at certain temperatures. 
The above mentioned classifications are based solely on the lubricant oil viscosity. 
There are several professional organizations that classify lubricants according to their 
viscosity range. The most important ones are the: Society of Automotive Engineers (SAE), 
International Standards Organization (ISO), American Gear Manufacturers Association 
(AGMA) and American Society for Testing and Materials (ASTM). 
 The SAE viscosity classification is the most adopted for pure or additivated mineral oils 
used for engines, gearboxes and differentials. This classification is exclusively based on the oil 
viscosity. The only information given by this classification is an estimate for the viscosity at a 
certain temperature. A different classification is given to each oil according to its application, 
e.g. SAE J306 is the classification given to lubricant oils for automotive gearboxes and 
differentials while the SAE J300 is for engines. 
The ISO viscosity classification is extremely simple. Each oil grade is defined by a round 
number that corresponds to the kinematic viscosity, [cSt], of the said lubricant at 40 °𝐶. The 
limits for each class correspond to 10% of the average value.  
24 
 
2.5.13.1.  Service classification 
The most usual service classifications for lubricants are the American Petroleum 
Institute (API) and Association des Constructeurs Européens d’ Automobiles (ACEA). The 
service classification specifies the desired properties of a lubricant oils for a given application. 
Table 2. API classification for gasoline engine lubricant oil [13]. 
API Category Status Service 
SN CURRENT 
Introduced in October 2010 for 2011 and older 
vehicles, designed to provide improved high 
temperature deposit protection for pistons, more 
stringent sludge control, and seal compatibility. API SN 
with Resource Conserving matches ILSAC GF-5 by 
combining APISN performance with improved fuel 
economy, turbocharger protection, emission control 
system compatibility, and protection of engines 
operating on ethanol-containing fuels up to E85. 
SM CURRENT For 2010 and older automotive engines 
SL CURRENT For 2004 and older automotive engines 
SJ CURRENT For 2001 and older automotive engines 
SH OBSOLETE  
SG OBSOLETE  
SF OBSOLETE  
SE OBSOLETE 
CAUTION: Not suitable for use in gasoline-powered 
automotive engines built after 1979. 
SD OBSOLETE 
CAUTION: Not suitable for use in gasoline-powered 
automotive engines built after 1971 
SC OBSOLETE 
CAUTION: Not suitable for use in gasoline-powered 
automotive engines built after 1967 
SB OBSOLETE 
CAUTION: Not suitable for use in gasoline-powered 
automotive engines built after 1951 
SA OBSOLETE 
CAUTION: Contains no additives. Not suitable for use in 
gasoline-powered automotive engines built after 1930 
  
ACEA also developed several service classifications for engine oils. It proposed three 
distinct groups: gasoline engines, light diesel engines and heavy diesel engines. 
2.5.13.2. Green certification 
Millions of tons of lubricants are dumped into the environment through leakage, 
exhaust gas and careless disposal. Some of these wastes are resistant to biodegradation and 
are threats to the environment. On the last few years a growing concern about these matters 
have led to the development of environmentally friendly lubricants. 
In order to diminish their impact on the environment they must fulfil certain 
requirements, like: 
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 Reduce and, if possible, eliminate sulphur, phosphorous and aromatic 
components; 
 Reduce volatility to reduce its impact on the surrounding atmosphere and on 
the user; 
 To be partially or totally recyclable; 
 Diminish toxicity and increase its biodegradability; 
 Improve its thermal stability and its oxidation resistance (in order to satisfy the 
need of a higher operating temperature and in order to have less frequent oil 
changes); 
 Reduce the friction power loss. 




Figure 8. Green certifications: Blauer Engel [14], EU Eco-Label [15], White Swan [16] and 
Green Seal [17]. 
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3. Wind Turbine Gear oils 
Four fully formulated ISO VG 320 grade wind turbine gear oils were selected. Two 
mineral based oils, MINR and MINE, a Polyalkylene Glycol, PAGD, and a Poly-α-olefin, PAOR, 
were used. MINR, MINE, PAOR and PAGD is the terminology that was used in this work to 
make reference to each one the mentioned oils. 
The physical properties of these oils were available from previous works [18]. Table 3 
shows the properties of the selected gear oils.  
Table 3. Physical properties of the wind turbine gear oils [18]. 
Parameter Unit MINR MINE PAOR PAGD 
Base oil - Mineral Mineral+PAMA Poly-α-olefin 
Polyalkylene 
Glycol 
-- Chemical composition -- 
Zinc (Zn) [ppm] 0.9 3.5 <1 1.0 
Magnesium (Mg) [ppm] 0.9 0.5 <1 1.4 
Phosphorus (P) [ppm] 354.3 415.9 460 1100 
Calcium (Ca) [ppm] 2.5 0.5 2 0.8 
Boron (B) [ppm] 22.3 38.4 36 1.0 
Sulfur (S) [ppm] 11200 5020 6750 362 
-- Physical properties -- 
Density @ 15°𝐶 [g/cm3] 0.902 0.893 0.859 1.059 
Thermal expansion 
coefficient (αt) 
x10-4 [K-1] -5.8 -6.7 -5,6 -7.1 
Viscosity @ 40°𝐶 [cSt] 319.25 324.38 324.38 290.26 
Viscosity @ 70°𝐶 [cSt] 65.87 92.72 87.92 102.33 
Viscosity @ 100°𝐶 [cSt] 22.41 37.88 35.27 51.06 






3.1. Techniques and devices used 
3.1.1. Engler viscometer 
The Engler viscometer has a container inside of another container. The oil is placed 
inside the first container. There, a wood pointer is either inserted or removed in order to stop 
or allow the oil to flow through a small hole at the bottom of that recipient. 
 To keep the oil at a desired temperature a fluid (oil or water) is placed inside the 
second container, being therefore in contact with the first container. This fluid is heated by a 
resistance and since there are two thermometers, one on each fluid, the temperature can 
therefore be controlled. 
This set of containers is held by a three legged support that can be adjusted in order 
to level the set of containers. 
 The measurement procedure followed the IP 212/92 standard [18]. Figure 9 shows 
the Engler viscometer used to perform these measurements.  
 
 
Figure 9. Engler viscometer. 
3.1.2. Rheometer 
 A rheometer tests the character of a fluid. Testing if it’s a Newtonian or Non-
Newtonian fluid at atmospheric pressure. 
 The rheometer shown in Figure 10 is a coaxial measurement system. 




Figure 10. Rotational viscometer Contraves Rheomat 115. 
 In this rheometer the measuring shaft, which is powered by an electrical motor, is 
rotating at a set speed inside the test substance. Then the opposing torque is measured and 
shown on the control instrument display. By performing tests at various shear strain rates the 
fluid behaviour, Newtonian or Non-Newtonian, can be tested. 
3.1.3. Density meter 
The variation of the density with temperature at atmospheric pressure for the wind 
turbine gear oils used on this work were tested using a density meter (shown in Figure 11). 
 
Figure 11. Anton Paar DM A35N density meter used to test the density measurements. 
 A density meter like the one used to make the tests takes a 2 mL oil sample from a 
recipient that contains the sample in question at a temperature that ranges from 0 to 40°𝐶 or 
the sample can be directly injected into the density meter using a specific syringe. 
 Three values of the density, each at different temperatures, were recorded in order to 




3.2. Physical properties 
3.2.1. Viscosity and density variation with temperature 
The variation of viscosity with temperature is shown in Figure 12. 
 
Figure 12. Variation of the tested oils viscosity with temperature (ASTM D341). 
 By observing Figure 12 it’s possible to conclude that the MINR gear oil shows the 
highest viscosity variation with temperature of all the tested oils. PAGD gear oil shows the 
highest viscosity at high temperatures having, at 100°𝐶, approximately 51 cSt while MINR oil 
only has a viscosity of 22.41 cSt at the same temperature. The MINE and PAOR gear oils show 
a similar behaviour regarding the viscosity and have, at high temperatures, a viscosity that 
ranges between the middle of the MINR and PAGD gear oils.  
As for the density (shown in Figure 13) it’s important to underline that the density of 
the PAGD is higher than the density of water at 40 °𝐶. 
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3.2.2. Dynamic viscosity variation with the shear strain rate 
In order to evaluate the dynamic viscosity and the behaviour of the gear oils 
(Newtonian or Non-Newtonian at atmospheric pressure), tests at different shear strain rates 
and temperatures were performed on a concentric cylinder rheometer (Contraves Rheomat 
115). The dynamic viscosity was dependant on the shear rate for the measurements 
performed at 40 °𝐶, mainly due to thermal effects and non-Newtonian behaviour. For higher 
temperatures (70 and 100 °𝐶), this behaviour was no longer observed (see Figure 14). The 
dynamic viscosity measurements were in accordance with the kinematic viscosity 
measurements. 
 
Figure 14. Variation of the dynamic viscosity with the shear strain rate [18]. 
 
    
33 
 
4. Test rig 
4.1. Gearbox components 
An attempt to open the planetary gearbox, in order to ascertain its components, was 
made but there were some difficulties encountered that prevented it. So an estimate of the 
gearbox rolling bearings was made based on the size and dimension of the gearbox, on the 
shaft diameter, on the visible components and on the scheme displayed in Wittenstein’s 
catalogue (see Figure 15). 
The main components, excluding the gears, shafts and housing, of the gearbox are 
listed in Table 4: 
The geometrical characteristics of the gears of the planetary gearbox are listed in 
Table 5. 
 
Figure 15. Representative picture of the planetary gearbox [19]. 
Table 4. Rolling bearings and lip seals in the planetary gearbox. 
Component Quantity Designation 
Tapered roller bearings 2 32022 X/Q 
Deep groove ball bearing 1 6217-2Z 
Input/Output seal 2 
BAUM6 SLX7 140-
170-13/12 CFW A1 
Needle roller bearing 6 K 40x48x4 
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Table 5. Geometrical characteristics of the gears of the planetary gearbox 
 Sun Planet Internal ring 
Number of teeth [/] 36 36 -108 
Width [mm] 42 
Pressure angle [°] 20 
Working transverse pressure angle [°] 22,071 
Helix angle [°] 10 
Normal module [mm] 2 
Transverse module [mm] 2.031 2.031 2.031 
Profile shift coefficient [/] 0.2318 0.2318 -0.6955 
Transverse module [mm] 2.031 2.031 2.031 
Reference diameter [mm] 73.111 73.111 -219.332 
Base diameter [mm] 68.577 68.577 -205.731 
Tip diameter [mm] 77.962 77.962 -218.114 
Centre distance [mm] 74.000 
Working centre distance [mm] 74.899 74.899 
4.2. Test rig 
The gearbox test rig works on a back-to-back configuration with recirculating power. 
Recirculating power is obtained, in this case, by having two gearboxes (number 2 and 7 in 
Figure 16), which are lubricated by oil injection, at each end of the test rig. 
 
1 – Power input 6 – Slave gearbox 12, 14 – Adjustable platforms II – Rigid couplings 
2, 7 – Test rig gear sets 8, 10 – Back shafts 13 – Mobile platform  
3, 5 – Torque transducers 9 – Back shafts support 15 – Fixed platform  
4 – Test gearbox 11 – Loading torque cylinder I – Elastic couplings  
    
Figure 16. Scheme of the test rig. 
 A photograph of the test rig is shown in Figure 17. 
 




Figure 17. Photograph of the test rig. 
 This test rig allows the testing of different gearboxes since it has positional adjustment 
capabilities. Planar adjustment of the test and slave gearboxes can be made by using the 
platforms (number 12 and 14 in Figure 16). Furthermore, by using the mobile platform 
(number 13 in Figure 16), the torque sensor (number 5 in Figure 16) can have its height and 
depth adjusted. 
 The torque loading mechanism consist of a hydraulic cylinder that introduces an axial 
displacement on one of the helical gears on the gear set number 2 in Figure 16. This axial 
movement makes the gear slightly rotate around its axis thus creating a torsional rotation and 
therefore loading the test rig with a static torque. 
 The back shaft is divided into two smaller shafts with a support in-between them in 
order to avoid critical speeds related problems. 
The test and slave gearboxes work on a back-to-back configuration in order to match 
the input speed of the test gearbox with the output speed of the slave gearbox. Therefore 
only reversible gearboxes can be tested. 
Figure 18 shows the central control of the gearbox test rig. 
 
Figure 18. Central control of the test rig. 
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Through the central control it’s possible to set the speed of the electric motor, and the 
torque on the torque transducer (number 3 in Figure 16). 
In order to measure the operating conditions several sensors apart from the already 
mentioned torque transducers, were installed. These sensors measure: 
 The speed before and after the test gearbox (Omron E2EL); 
 The oil temperature in two different zones (industrial grade PT100 RTD’s); 
 The ambient temperature; 
 The wall temperature on two different zones on the test gearbox (K type 
thermocouple and industrial grade PT100 RTD); 
 The wall temperature on the slave gearbox (K type thermocouple). 
On its current configuration the gearbox test rig allows tests in between the following: 
 Input speed: 100-1900 rpm; 
 Input torque: 100-1300 Nm. 
Two pictures of the test gearbox are shown in Figure 19, where the oil temperature 







Figure 19. Pictures of the test gearbox.   
Temperature 
sensor (ToilM12)  
Temperature 
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5. Experimental procedure and oil analysis techniques 
5.1. Tests planning 
Four fully formulated wind turbine gear oils were tested under different working 
conditions. The planning of tests is shown in Table 6: 
Table 6. Experimental test plan. 
Oil Speed [rpm] Torque [Nm] Power [W] Test time [h] 
MINE/PAOR/PAGD/MINR 
100 
500 5235.99 2+2 
750 7853.98 2+2 
1000 10471.98 2+2 
200 
500 10471.98 2+2 
750 15707.96 2+2 
1000 20943.95 2+2 
300 
500 15707.96 2+2 
750 23561.94 2+2 
1000 31415.93 2+2 
 The speeds mentioned in Table 6 are the ones measured between the transducer 
(number 3 in Figure 16) and the test gearbox. The torques mentioned in Table 6 are the ones 
measured by the torque transducer referenced as number 3 in Figure 16. 
The test gearbox was submitted to running-in before the beginning of the tests. 
The first tested oil was MINE, the second was PAOR, the third was PAGD and the last 
one was MINR. 
The followed plan of tests was not the one that was initially set. In the first plan the 
MINR oil was supposed to be tested first and there were indeed tests made but since the 
gearbox was still in its running-in period there was a great amount of large particles found in 
the oil samples. So there was a possibility that these results could’ve been influenced not only 





5.2. Experimental procedure 
The duration of each test was of four hours. This time was set in order to achieve 
stabilized operating (load, speed and temperature) conditions not only in the test gearbox and 
gearbox test rig but also in the surrounding environment.  
It was found that the calibration values after a warm up period were different from the 
ideal ones, so two hours after the beginning of each test a calibration of the torque 
transducers was made, ensuring that the measured values would be close to the actual values 
of torque. 
After each test a 15 minutes no-load test was performed. The loading cylinder control 
was disabled which assured that no load was applied on the system. This assures that there is 
no torque imposed in the system making the torque sensors readings a function of the no-
load torque loss in the gearbox. The main purpose of these tests was to measure the no-load 
toque loss of the tested gearbox. These tests were performed right after the "normal" tests in 
order to capture the no-load behaviour of the test gearbox at the "loaded" operating 
conditions. 
The values read by the sensors were automatically recorded by the central control with 
a frequency of 0.5 Hz. The software in the central control also calculated, in real time, the 
power at both sides of the test gearbox and in turn also calculated the instantaneous power 
loss. 
The behaviour over time of various metrics (temperature, torque and power) was also 
displayed to facilitate the detection of any abnormal variation on the behaviour of the test rig. 
An oil sample (Figure 20 (b)) was collected from the test gearbox, through the hole of 
a plug placed on the upper part of it, using a vacuum pump (Figure 20 (a)). These samples 
were collected after each set of speeds for each oil, in other words, after the 100 rpm / 1000 
Nm, 200 rpm /1000 Nm and 300 rpm /1000 Nm test for each oil. In order to avoid particle 
deposition at the bottom of the gearbox the samples were collected immediately after the 
end of a given test and always from the same place. 
Changing the oil of the gearbox started with draining the oil through a plug in the 
bottom and filling it with a solvent, which is chosen according to the oil, and then the shaft 
between the test gearbox and the torque transducer, number 5 in Figure 16, is rotated during 
several minutes in order to “clean” the internal parts of the gearbox (removal of remaining oil 
residue and wear particles). After the completion of this process the gearbox was filled with 1 
litre (at ambient temperature) of fresh lubricant. 




(a) Vacuum pump 
 
(b) Oil samples 






The oil samples were analysed using a set of techniques called ferrography which are 
normally used to monitor the wear evolution over time and diagnose the causes of certain 
failures in mechanical components lubricated by oil or grease. Using this technic the quantity 
and the morphology of the wear particles suspended in the oil sample can be analysed 
allowing an evaluation of the wear performance of a lubricant. It can also be used to perform 
preventive maintenance and to predict the failure of a component in a mechanism. 
There were two methods used: direct reading ferrography (DRIII) and analytic 
ferrography (FMIII). 
5.3.1. Direct Reading Ferrography (DRIII) 
A direct reading ferrograph allows a rapid and objective relative quantification of large 
and small particles in an oil sample. 
A small volume of oil, 1 ml, circulates through a capillary tube which has a section that 
is submitted to a strong magnetic field and two beams of light. The particles will lodge along 
the tube thanks to the magnetic field or simply by sedimentation. The larger particles will 
deposit first followed by those of smaller dimension.  
The beams of light are located in different zones, one at the beginning and the other 
at the end since, as it has been said, the particles distribute themselves according to their size, 
and the amount of light that crosses the tube will be limited by the amount of particles so the 
light will be proportionally inverse to the amount of deposited particles. 
There are two values that are obtained through this method: which are the relative 
quantification of the amount of large, DL, and small, DS, particles in the oil sample. 
Using these values it’s possible to calculate two wear indexes: the Wear Particles 












 Equation 5.2 
Where d is the factor of dilution which is used in cases of excessive particles which 
causes saturation of the sensors. 




Figure 21. Direct Reading Ferrograph by Predict Technologies. 
The model of the used ferrograph was a DR-III-Direct Reading Ferrograph by Predict 
Technologies (shown in Figure 21). 
5.3.2. Analytic ferrography 
Analytic ferrography is used to obtain detailed information about the particles. In this 
method the particles deposit in a thin glass slide which is called a ferrogram. 
In this method the oil is forced to flow at a very slow speed between the two edges of 
the ferrogram. A magnet is located bellow the ferrogram and attracts the magnetic particles 
causing them to deposit along the ferrogram. The particles will position themselves along the 
ferrogram according to their size and magnetic properties. So the larger particles will stay at 
the begging of the ferrogram and their size will decrease along the ferrogram. 
Ferromagnetic particles will be perpendicularly arranged relatively to the direction of 
the oil sample flow. 
Even though this method is more efficient on detecting ferrous particle, other types of 
particles like aluminium and copper alloys can also be deposited due to acquired magnetism 
from the contact with ferrous particles or trapped between ferrous filaments or simply due to 
sedimentation. The remaining types of particles like contaminants, products resulting from 
oxidation and fibbers will randomly deposit along the ferrogram. 
Ferrograms are made of a heat resistant glass. This is important because the particles 
may be submitted to a heat treatment in order to evaluate their composition. 
An analytic ferrographer, model FM-III-Ferrograph by Predict Technologies (shown in 




Figure 22. Analytic ferrograph (FMIII) by Predict technologies. 
 
Figure 23. Ferroscope – IV by Predict Technologies 
The ferrograms were observed using a Ferroscope which is an optical microscope. The 
used Ferroscope was a Ferroscope-IV by Predict Technologies (shown in Figure 23). 
With this technique the type of particles existing in the sample can be evaluated and 
by comparing these with reference particles it’s possible to have an idea of the type and 
severity of the wear conditions. 
5.4. Fourier transform infrared spectroscopy (FTIR) 
Fourier transform infrared spectroscopy (FTIR) is a technique used to obtain an 
infrared spectrum of absorption, emission, photoconductivity or Raman scattering of a solid, 
liquid or gas. 
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The goal of any absorption spectroscopy (FTIR, ultraviolet-visible ("UV-Vis") 
spectroscopy, etc.) is to measure how well a sample (e.g. an oil sample) absorbs light at each 
wavelength.  
Simplistically the FTIR consists of shining a beam that contains many frequencies of 
light at once, then it measures the “amount” of the beam that is absorbed by the sample. 
Afterwards, the beam is modified in order to contain a different combination of frequencies, 
providing a second data point. This process is done repeatedly. Finally, a computer takes all 
these data and works backwards to infer what the absorption is at each wavelength [20]. 
The beam described above is the radiation from a broadband source. This beam shines 
into a Michelson interferometer (two schemes of a Michelson interferometer adapted for FTIR 
are shown in Figure 24).  
In the Michelson interferometer the beam of light strikes the beamspliter where some 
of the light is transmitted to a movable mirror and some of the light is reflected to a stationary 
mirror. The moving mirror, which is moved by a motor, modulates each frequency of light with 
a different modulation frequency. In general, the paths of the light returning from the 
stationary mirror and the moving mirror are not in phase. They interfere constructively and 
destructively to produce a pattern called an interferogram. The interferogram contains all the 
frequencies which make up the IR spectrum. Computer processing is required to turn the raw 
data (light absorption for each mirror position) into the desired result (light absorption for 
each wavelength). The processing required is a common algorithm called the Fourier 









An FTIR spectrometer simultaneously collects spectral data in a wide spectral range. 
This confers a significant advantage over a dispersive spectrometer which measures intensity 
over a narrow range of wavelengths at a time. 
The spectra were obtained on an Agilent® Cary 630 FTIR device, using an ATR 
(attenuated total reflectance) accessory (shown in Figure 25). The samples were analysed 
through direct comparison of height and area peaks between the spectra of the samples. All 
the spectra shown in this work are taken directly from the device’s software without any 
smoothing or peak normalizing treatment.  
 
Figure 25. Agilent® Cary 630 FTIR with an ATR accessory. 
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6. Power Loss, Loads and Kinematic in a Planetary 
Gearbox 
A detailed analysis, done with the KISSsoft software, of the planetary gearbox load, 
kinematics and performance is presented in Appendix D. 
6.1. Load analysis 
The calculation of the load dependant power loss requires the calculation of the loads 
acting on the contacting components. Thus the analysis of such calculation procedure for a 
planetary gearbox is presented on the following paragraphs.  
The following simplifications were made: forces of inertia, moments of inertia and 
gravity forces were neglected. 
A planetary gear train with a single degree of freedom is schematically represented in 
Figure 26. 
 




Figure 27. Free body diagram of the planet carrier. 
The free body diagram of the planet carrier is shown in Figure 27 (With the torque 
input being through the planet carrier). 
The load F23 is therefore calculated according to Equation 6.2. 
 
 Σ𝑀𝐷 = 0 ⟺  Equation 6.1 
 





 Equation 6.2 
Where N is the number of planets of the gearbox and a is the centre distance. In a 
planetary gearbox the working centre distance, a, is the same for the sun/planet gears and 
planet/ring gears. 
The free body diagram of the planets is represented in Figure 28. 
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So, on the planet gear one can write the following force equation (Equation 6.3). 
 Σ?⃗? = 𝐹32⃗⃗⃗⃗⃗⃗⃗ + 𝐹12⃗⃗ ⃗⃗ ⃗⃗ + 𝐹02⃗⃗⃗⃗⃗⃗⃗ Equation 6.3 
Where: 
 𝐹12⃗⃗ ⃗⃗ ⃗⃗ = 𝐹𝑡12⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ + 𝐹𝑟12⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗  Equation 6.4 
 𝐹12⃗⃗ ⃗⃗ ⃗⃗ = 𝐹𝑡02⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ + 𝐹𝑟02⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗  Equation 6.5 
On the Cy axis one can write that: 
 Σ𝐹𝑦 = 0 ⟺ Equation 6.6 
 ⟺ 𝐹𝑟02 = 𝐹𝑟12 Equation 6.7 
 And on the Cz axis: 
 Σ𝐹𝑧 = 0 ⟺ Equation 6.8 
 ⟺ 𝐹32 = 𝐹𝑡02 + 𝐹𝑡12 Equation 6.9 
 So: 
 
𝐹𝑡02 = 𝐹𝑡12 = −
𝐹32
2
 Equation 6.10 
 And: 
 |𝐹𝑟02| = |𝐹𝑟12| = |𝐹𝑡12 ∙ tan(𝛼𝑡)| Equation 6.11 
 The free body diagram of the sun is represented in Figure 29. 
 





































So the moment equation regarding A is: 
 Σ𝑀𝐴⃗⃗ ⃗⃗ ⃗⃗ = 𝐴𝐵𝑛2̅̅ ̅̅ ̅̅ ̅ ∙ 𝐹21
𝑛2 ⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗⃗ + 𝐴𝐵𝑛3̅̅ ̅̅ ̅̅ ̅ ∙ 𝐹21
𝑛3 ⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗⃗ + 𝐴𝐵̅̅ ̅̅ ∙ 𝐹21⃗⃗⃗⃗⃗⃗⃗ + 𝑀𝑒𝑥𝑡⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ = 0⃗⃗  Equation 6.12 
 So, 
Since: |𝐹𝑡21| = |𝐹𝑡21
𝑛2 | = |𝐹𝑡21
𝑛3 | Equation 6.13 
And: 𝐴𝐵̅̅ ̅̅ = 𝐴𝐵𝑛2̅̅ ̅̅ ̅̅ ̅ = 𝐴𝐵𝑛3̅̅ ̅̅ ̅̅ ̅ Equation 6.14 
Then: 𝑀𝑒𝑥𝑡 = 3 ∙ 𝐹𝑡21 ∙ (
𝑑𝑠𝑢𝑛
2
) Equation 6.15 
 The radial forces are equal (Equation 6.16) and due to their spatial position they will 
cancel each other out. 
 |𝐹𝑟21| = |𝐹𝑟21
𝑛2 | = |𝐹𝑟21
𝑛3 | Equation 6.16 
The reaction force can be obtained using the force equation of the sun: 
 Σ?⃗? = 𝐹21⃗⃗⃗⃗⃗⃗⃗ + 𝐹21
𝑛2⃗⃗⃗⃗⃗⃗ ⃗⃗ + 𝐹21
𝑛3⃗⃗⃗⃗⃗⃗ ⃗⃗ + 𝐹01⃗⃗⃗⃗⃗⃗⃗ = 0⃗⃗  Equation 6.17 
On the 0z axis 𝐹01𝑧 − 𝐹𝑡21 + 𝐹𝑡21
𝑛2⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ∙ sin(30) + 𝐹𝑡21
𝑛3⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ∙ sin(30) = 0  Equation 6.18 
 𝐹01𝑧 = 0 Equation 6.19 
On the 0y axis 𝐹01𝑦 − 𝐹𝑡21
𝑛2⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ∙ cos(30) + 𝐹𝑡21
𝑛3⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ∙ cos(30) = 0  Equation 6.20 
 𝐹01𝑦 = 0 Equation 6.21 
  The axial forces can be obtained using the following equations: 
 𝐹𝑎02 = 𝐹𝑡02 ∙ tan(𝛽) Equation 6.22 
 𝐹𝑎12 = 𝐹𝑡12 ∙ tan (𝛽) Equation 6.23 
 An example of results for the forces is given in Table 7 considering a 10 rad/s (≈
100𝑟𝑝𝑚) speed input and 1000 Nm torque input. The input is considered to be in the planet 
carrier. 
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Table 7. Example for 10 rad/s and 1000 Nm (Forces). 
 Variables Results 
Tangential force [N] 𝐹𝑡21, 𝐹𝑡21
𝑛2 , 𝐹𝑡21
𝑛3 , 𝐹𝑡02 2279.648 
Axial force [N] 𝐹𝑎02, 𝐹𝑎12 402.000 
Radial force [N] 𝐹𝑟21, 𝐹𝑟21
𝑛2 , 𝐹𝑟21
𝑛3 , 𝐹𝑟02 842.524 
 
6.2. Kinematic analysis 
The calculation of the rolling bearings, seals and gears power loss requires the 
calculation of the speeds of each component of the gearbox. In the following paragraphs a 
method for the calculation of these speeds is proposed. 
The angular speed of tooth engagement is the gear speed that would be obtained if 
the carrier was stationary. In this configuration the sun/planet speed was the sun gear 
absolute speed less the carrier speed. The planet/ring mesh speed was found by setting the 
ring speed equal to the negative of the carrier speed [21].  
The kinematic diagrams of the planet carrier, planet and internal ring gear set and of 
the sun, planet and internal ring gear set are shown in Figure 30 and to help understand the 
kinematic relationship inside the planetary gearbox. 
  










Figure 31. Kinematic diagram of the sun, planet and internal ring gear set. 
To calculate the gear ratio Equation 6.24 through Equation 6.35 were used. 












}  Equation 6.24 
Since the sliding speed between the planet and the ring is equal to zero the tangential 
speed 𝑣𝐶⃗⃗⃗⃗⃗ can also be calculated using Equation 6.25. 















}  Equation 6.25 
The tangential speed in B, 𝑣𝐵⃗⃗ ⃗⃗⃗, can be calculated using Equation 6.26. 












}  Equation 6.26 
And it can also be calculated by using Equation 6.27. 















}  Equation 6.27 




= 𝜔𝑐𝑎𝑟𝑟𝑖𝑒𝑟 ∙ 𝑎 Equation 6.28 





𝜔𝑠𝑢𝑛⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗  
B 
𝑣𝐵⃗⃗ ⃗⃗⃗ 
𝜔𝑝𝑙𝑎𝑛𝑒𝑡⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ⃗⃗ ⃗ 
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 −𝜔𝑝𝑙𝑎𝑛𝑒𝑡 ∙ 𝑑𝑝𝑙𝑎𝑛𝑒𝑡 = 𝜔𝑠𝑢𝑛 ∙
𝑑𝑠𝑢𝑛
2
 Equation 6.29 
 Finally by matching Equation 6.28 with Equation 6.29 it’s possible to relate the 
rotational speed of the planet carrier with the rotational speed of the sun thus finding the 
gear ratio (Equation 6.30 to Equation 6.35). 
 𝜔𝑐𝑎𝑟𝑟𝑖𝑒𝑟 ∙ 𝑎 ∙ 2 = 𝜔𝑠𝑢𝑛 ∙
𝑑𝑠𝑢𝑛
2
  Equation 6.30 
The diameter of the sun and of the planet and the centre distance have the relationship 




 Equation 6.31 
 𝑎 =
(𝑍𝑝𝑙𝑎𝑛𝑒𝑡 + 𝑍𝑠𝑢𝑛) ∙ 𝑚
2
 Equation 6.32 
 It’s also known that the number of teeth between the sun, planet and ring are related 







⟺   






   






  Equation 6.33 
It’s possible to transform Equation 6.30 using Equation 6.31 and Equation 6.32 so that 
the gear ratio only becomes dependent upon the number of teeth of the inner ring (the 
number of teeth of the inner ring is considered to be positive in these calculations) and the 
sun (Equation 6.34). 
 𝜔𝑠𝑢𝑛 = 𝜔𝑐𝑎𝑟𝑟𝑖𝑒𝑟 ∙
(𝑍𝑝𝑙𝑎𝑛𝑒𝑡+𝑍𝑠𝑢𝑛)∙𝑚
2
∙ 2 ∙ (
2
𝑍𝑠𝑢𝑛∙𝑚
) ⟺   
 ⟺ 𝜔𝑠𝑢𝑛 = 𝜔𝑐𝑎𝑟𝑟𝑖𝑒𝑟 ∙ 2 ∙ (1 +
𝑍𝑝𝑙𝑎𝑛𝑒𝑡
𝑍𝑠𝑢𝑛
)   
 ⟺ 𝜔𝑠𝑢𝑛 = 𝜔𝑐𝑎𝑟𝑟𝑖𝑒𝑟 ∙ (1 +
𝑍𝑟𝑖𝑛𝑔
𝑍𝑠𝑢𝑛
)  Equation 6.34 
 So the gear ratio, u, is calculated according to Equation 6.35. 
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 𝑢 = 1 +
𝑍𝑟𝑖𝑛𝑔
𝑍𝑠𝑢𝑛
 Equation 6.35 
 The gear ratio can also be written as a function of the number of teeth of planet and 
the sun according to Equation 6.36. 
 𝑢 = 2 +
2 ∙ 𝑍𝑝𝑙𝑎𝑛𝑒𝑡
𝑍𝑠𝑢𝑛
 Equation 6.36 
An example of results for the forces is given in Table 8 considering a 10 rad/s (≈
100𝑟𝑝𝑚) speed input and 1000 Nm torque input. The input is considered to be in the planet 
carrier. 
Table 8. Example for 100rpm and 1000 Nm (Gear ratio). 
 Variables Results 
Gear ratio [/] 𝑢 4 
Angular speed of the carrier [rpm] 𝜔𝑐𝑎𝑟𝑟𝑖𝑒𝑟 100 
Angular speed of the planet [rpm] 𝜔𝑝𝑙𝑎𝑛𝑒𝑡 -200 
Angular speed of the sun [rpm] 𝜔𝑠𝑢𝑛 400 
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6.3. Introduction to the power loss in a gearbox 
The total sum of power loss in a gearbox is the sum of the power loss generated by 
each component, so it essentially consists of power loss of the gears, bearings, seals and 
auxiliary losses. Gear and bearing losses have two components: load dependent losses that 
occur in the contact of the power transmitting components and no-load losses which are 
independent of torque transmission [22]. 
No-load losses, excluding operating conditions and internal housing design of the 
gearbox, are mostly related to lubricant viscosity and density as well as the immersion depth 
of the components of a sump lubricated gearbox [22].  
Load losses are dependent upon transmitted torque, coefficient of friction and sliding 
velocity in the contact areas of the components [22]. 
Generally, for nominal power transmission, the load losses of the gear mesh are 
dominant. For high speeds and low or moderate loads, no-load losses can be the most 
important power loss source. No-load rolling bearing losses depend on the bearing type, size 
and arrangement, lubricant viscosity and immersion depth. Load dependent rolling bearing 
losses are dependent upon bearing type and size, rolling and sliding conditions in the bearing 
and upon lubricant type. The power loss in a gearbox can be calculated according to Equation 
6.37. 
 𝑃𝑉 = 𝑃𝑉 𝑍0 + 𝑃𝑉 𝑍𝑃 + 𝑃𝑉 𝐿0 + 𝑃𝑉 𝐿𝑃 + 𝑃𝑉 𝐷  Equation 6.37 
The Z, L and D indexes refer to gears, bearings and seals, respectively. While the 0 and 
P indexes refer to no-load and load losses, respectively. In Equation 6.37 each variable (e.g. 




6.4. Friction and film thickness between gear teeth 
The coefficient of friction between the teeth of a gear is extremely important in the 
determination of the gear mesh power loss since it has a direct influence on the contact 
temperature, failure probability and efficiency, or in other words, the power loss of the gear 
[23]. 
The specific film thickness has a direct correlation with the coefficient of friction. This 
correlation is exemplified by the Stribeck curve which can be seen in Figure 32. 
Knowing the specific film thickness is of major importance since it allows for a better 
assessment of the coefficient of friction.  
According to Dowson and Higginson [24] the film thickness in a linear 
elastohydrodynamic contact, which is identical to the contact between gear teeth, can be 
represented as shown in Figure 33. 
 
Figure 32. Example of a Stribeck curve [25]. 




Figure 33. Linear elastohydrodynamic contact [26]. 
The film thickness depends on: 
 Viscosity of the lubricant which in turn depends on the temperature; 
 Rolling speed; 
 Piezoviscosity coefficient; 
 Equivalent radius; 
 Normal load; 
 Width of the gear. 
Classic EHD theory was derived on the assumption that the lubricant flow inside the 
EHD contact is isothermal, in other words the lubricant temperature is constant. So, 
accordingly, the viscosity of the lubricant should only be affected by pressure because of its 
piezoviscous nature. 
However, this hypothesis isn’t valid for gears as a result of the existing high sliding 
along the contact line. In the inlet zone, the lubricating film suffers a high shear strain due to 
the pressure gradient and rolling and sliding velocity. The aforementioned shear strain causes 
inlet shear heating, which, in turn, causes a temperature rise in the lubricant, a decrease in 
viscosity and, consequently, a decrease in the lubricating film thickness. 
In order to take this into account the previously determined film thickness is multiplied 
by a heating correction factor, φT, which depends on the lubricant’s coefficient of 
thermoviscosity and thermal conductivity and on the surface’s speed. 
However, the EHD film thickness is not used directly, because, in reality, surfaces are 
not perfectly smooth. Instead, the specific film thickness, Λ, defined as the ratio between the 
EHD film thickness and the composite surface roughness of the rolling contacts, is used. 
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Three, typical, lubrication regimes which are dependent upon film thickness can be 
defined (as shown in Table 9). 
Table 9. EHD lubrication regimes [27]. 
EHD lubrication regimes 
 Regime Observation 
Λ ≥ 2.0 Full film 
The surfaces are completely 
separated by the lubricant 
film. 
 
0.7 < Λ < 2.0 Mixed film 
The surfaces are partially 
separated by the lubricant 
film, there are some points 
where there is asperity 
contact. 
 
Λ ≤ 0.7 Boundary film 
There is no lubricant film 
separating the surfaces, 
asperity contact dominates. 
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The specific film thickness varies along the contact line in a gear mesh. So, several 
lubrication regimes can be observed along the contact line making the determination of the 
coefficient of friction a complex matter. 
Film thickness: 
The main parameters used in the calculation of the film thickness are calculated 
according to Equation 6.38 to Equation 6.45. 
The speed parameter was calculated using Equation 6.38. 
 𝑈 =
𝜂0 ∙ (𝑈1 + 𝑈2)
2 ∙ 𝑅𝑋 ∙ 𝐸∗
 Equation 6.38 
Where: 
 η0 is the dynamic viscosity; 
 U1,2 is the velocity of each surface; 
 RX is the equivalent radius; 
 E* is the equivalent Young modulus. 
The material parameter was calculated using Equation 6.39. 
 𝐺 = 2 ∙ 𝛼 ∙ 𝐸∗ Equation 6.39 
Where α is the piezoviscosity coefficient, and it was calculated according to Gold et al. 
[28]. Yet Gold et al.[28] did not test mineral and pama mixtures (MINE gear oil) but according 
to tests done by Marques et al. [18] and Fernandes et al. [29] these oils behave similarly to 
the PAOR gear oil. So the same piezoviscosity coefficients were used for both MINE and PAOR 
gear oils. 
The load parameter was calculated using Equation 6.40. 
 𝑊 =
𝐹𝑛
𝑅𝑋 ∙ ℓ ∙ 𝐸∗
 Equation 6.40 
Where Fn is the normal force and ℓ is the average sum of contacting lines length on a 




 Equation 6.41 




𝛽 ∙ 𝜂0 ∙ (𝑈1 + 𝑈2)
2
𝐾
 Equation 6.42 
 Where 𝛽 is the thermoviscosity coefficient (ASTM D341) and K is the thermal 
conductivity. 
The inlet shear heating influence was calculated using Equation 6.43. 
 𝜙𝑇 = (1 + 0.1 ∙ (1 + 14.8 ∙ 𝑉𝑒
0.83) ∙ 𝐿0.64)−1  Equation 6.43 
 The centre film thickness in the contact centre was calculated using Equation 6.44. 
 ℎ0 = 0.975 ∙ 𝑅𝑋 ∙ 𝑈
0.727 ∙ 𝐺0.727 ∙ 𝑊−0.091  Equation 6.44 
 Lastly the corrected film thickness was calculated using Equation 6.45. 
 ℎ0𝑇 = ℎ0 ∙ 𝜙𝑇  Equation 6.45 
 There are several methods to calculate the coefficient of friction (𝐶𝑂𝐹 = 𝜇) between 
gear teeth. The ones contemplated in this work are mentioned in the following paragraphs. 
 Coefficient of friction: 
The ISO 6336 part 4 calculates the coefficient of friction using Equation 6.46 [30]. 
 𝜇𝐼𝑆𝑂 = 0.0254 ∙ (
𝐹𝑛 ∙ 𝑅𝑎
𝜂0 ∙ 𝑙 ∙ 𝑅𝑋 ∙ (𝑈1 + 𝑈2)
)
0.25
 Equation 6.46 
 Michaelis et al. [31] calculates the coefficient of friction using Equation 6.47. 
  











0.25  Equation 6.47 
In Equation 6.46 and Equation 6.47 it’s possible to observe that the formulation 
suggested by ISO 6336 part 4 is more sensitive to the dynamic viscosity than the formulation 
suggested by Michaelis et al..  
The average sum of the contacting lines length, ℓ, in Equation 6.46 and Equation 6.47 
was calculated according to Equation 6.41. 
According to Höhn et al.[22] the coefficient of friction, μM, in a gear mesh consists of a 
portion of solid body friction, μF, and a portion of fluid film friction, μEHD: 
 𝜇𝑀 = (1 − ξ) ∙ 𝜇𝐹 + 𝜉 ∙ 𝜇𝐸𝐻𝐷  Equation 6.48 




 ξ is the portion of fluid film. 
 
Figure 34. Fluid and solid friction in an EHD contact [22]. 
The portion ξ of fluid and solid friction depends on the specific film thickness in the 
contact (as shown in Figure 34). 
And it can be determined using: 
When Λ < 2 𝜉 = Λ − 0.25 ∙ Λ2 Equation 6.49 
When Λ ≥ 2 𝜉 = 1 Equation 6.50 
In order to determine the solid friction coefficient Equation 6.51 is used [22]. 
 










 Equation 6.51 
Where: 
 μF,R is a solid friction coefficient; 
 pH is the contact pressure [N/mm2]; 
 pR is a reference value of contact pressure; 
 vΣ is the sum velocity [m/s]; 
 vR,F is a reference value of speed for solid friction; 
 αF is a pressure exponent for solid friction from a test; 
 𝛽𝐹 is a speed exponent for solid friction from a test. 



















  Equation 6.52 
Where: 
 μEHD is the fluid friction coefficient; 
 μEHD,R is a reference value of the fluid friction coefficient; 
 pH is the contact pressure [N/mm2]; 
 pR is a reference value of contact pressure; 
 vΣ is the sum velocity [m/s]; 
 vR,EHD is a reference value of speed for fluid friction from a test; 
 αEHD is a pressure exponent for fluid friction from a test; 
 𝛽𝐸𝐻𝐷 is a speed exponent for fluid friction from a test; 
 γEHD is a viscosity exponent for fluid friction from a test. 
6.5. Gear friction power loss 
Höhn et al. [22] obtained the reference and exponent values for Mineral, 
polyalphaolefins and for polyglycol oils with the same viscosity grade, ISO VG320, with typical 
additive packages for wind turbine applications using the FZG-FVA efficiency test. 
In order to ascertain the mesh power loss a gear loss factor, Hv (Equation 6.53), must 
be determined. This factor only depends on gear geometry and was obtained on the 
assumption that the coefficient of friction was constant along the line of action. Originally this 
factor was determined for gear pairs with transverse contact ratios up to 2. A more generalist 




∙ (𝑎0 + 𝑎1 ∙ |ε1| + 𝑎2 ∙ |𝜀2| + 𝑎3 ∙ |𝜀1| ∙ 𝜀1 + 𝑎4 ∙ |𝜀2| ∙ 𝜀2)  Equation 6.53 
Where: 
 Hv is the gear loss factor; 
 u is the gear ratio; 
 Z1 is the number of teeth of the pinion; 
 𝛽𝑏 is the helix angle at the base; 
 εα is the profile contact ratio; 
 ε1,2 is the tip contact ratio, pinion and gear; 
 a0,1,2,3,4 is a coefficient that depends on the tip contact ratio. 
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The coefficients a0,1,2,3,4 can be calculated using Table 10. 
Table 10. General formulation of coefficients a0,1,2,3,4 [32]. 
 
Case 1: 
𝜖𝛼 < 1  
Case 2: 
𝜖𝛼 > 1 
𝜖1 < 0 
∨ 
 𝜖2 < 0 
Case 3: 
𝜖𝛼 > 1  
𝜖1, 𝜖2 > 0  
𝑙𝑔 + 𝑚𝑔 = 𝑛𝑔  
Case 4: 
𝜖𝛼 > 1 
𝜖1, 𝜖2 > 0  
𝑙𝑔 + 𝑚𝑔 = 𝑛𝑔 + 1  
𝑎0 0 0 
2 ∙ 𝑙𝑔 ∙ 𝑚𝑔
𝑛𝑔
 
2 ∙ (𝑙𝑔 ∙ 𝑚𝑔 − 𝑛𝑔)
𝑛𝑔 − 1
 
𝑎1 0 1 
𝑙𝑔 ∙ (𝑙𝑔 − 1) − 𝑚𝑔 ∙ (𝑚𝑔 − 1) − 2 ∙ 𝑙𝑔 ∙ 𝑚𝑔
𝑛 ∙ (𝑛 − 1)
 
𝑙𝑔 ∙ (𝑙𝑔 − 1) − 𝑚𝑔 ∙ (𝑚𝑔 − 1) − 2 ∙ (𝑚𝑔 − 1) ∙ 𝑛𝑔
𝑛 ∙ (𝑛 − 1)
 
𝑎2 0 1 
−𝑙𝑔 ∙ (𝑙𝑔 − 1) − 𝑚𝑔 ∙ (𝑚𝑔 − 1) − 2 ∙ 𝑙𝑔 ∙ 𝑚𝑔
𝑛𝑔 ∙ (𝑛𝑔 − 1)
 
𝑙𝑔 ∙ (𝑙𝑔 − 1) − 𝑚𝑔 ∙ (𝑚𝑔 − 1) − 2 ∙ (𝑙𝑔 − 1) ∙ 𝑛𝑔
𝑛 ∙ (𝑛 − 1)
 
𝑎3 1/εα 0 
2 ∙ 𝑚𝑔
𝑛𝑔 ∙ (𝑛𝑔 − 1)
 
2 ∙ (𝑚𝑔 − 1)
𝑛𝑔 ∙ (𝑛𝑔 − 1)
 
𝑎4 1/εα 0 
2 ∙ 𝑙𝑔
𝑛𝑔 ∙ (𝑛𝑔 − 1)
 
2 ∙ (𝑙𝑔 − 1)
𝑛𝑔 ∙ (𝑛𝑔 − 1)
 
  
The parameters 𝑙𝑔, 𝑚𝑔 and 𝑛𝑔 can be determined using Equation 6.54 to Equation 6.56 
with 𝑙𝑔, 𝑚𝑔𝑎𝑛𝑑 𝑛𝑔 ∈ ℤ [32]. 
 𝜖1 ∈  [𝑙𝑔 − 1: 𝑙𝑔] Equation 6.54 
 𝜖2 ∈  [𝑚𝑔 − 1: 𝑚𝑔] Equation 6.55 
 𝜖𝛼 ∈  [𝑛𝑔 − 1: 𝑛𝑔] Equation 6.56 
So the gear mesh power loss depends on the transmitted power, the average 
coefficient of friction in the gear contact and a gear loss factor, Hv, as suggested in Equation 
6.57. 
 𝑃𝑉𝑍𝑃 = 𝑃𝑎 ∙ 𝜇𝑚 ∙ 𝐻𝑣 Equation 6.57 
 Where: 
 Pa is the transmitted power; 
 μm is the mean coefficient of friction calculated according to Höhn et al. [22]; 
 Hv is a gear loss factor. 
The transmitted power can be calculated using Equation 6.58. 
 𝑃𝑎 = 𝐹𝑁




An example of results for gears power loss is given in Table 11 considering a 10 rad/s 
(≈ 100𝑟𝑝𝑚) speed input and 1000 Nm torque input for the sun/planet contact for the MINR 
gear oil. The input is considered to be in the planet carrier. 
Table 11. Example for 100rpm and 1000 Nm (Gear power loss – sun/planet contact). 
 Variables Results 
Corrected film thickness [μm] ℎ0𝑇 0.566  
Specific film thickness [/] Λ 0.799 
Transverse contact ratio [/] 𝜖𝛼 1.550 
Tip contact ratio (pinion) [/] 𝜖1 0.775 
Tip contact ratio (gear) [/] 𝜖2 0.775 
Coefficient of the gear loss factor [/] 𝑎0 1 
Coefficient of the gear loss factor [/] 𝑎1 -1 
Coefficient of the gear loss factor [/] 𝑎2 -1 
Coefficient of the gear loss factor [/] 𝑎3 1 
Coefficient of the gear loss factor [/] 𝑎4 1 
Gear loss factor [/] 𝐻𝑣 0.1152 
Normal force [N] 𝐹𝑁
𝑚𝑎𝑥 2463.4 
Transmitted power [W] 𝑃𝑎 2653.6 
Coefficient of friction [/] 𝜇𝑀 0.0409 
Gear mesh power loss [W] 𝑃𝑉𝑍𝑃 12.5 
 
 The coefficient of friction used to calculate the gears power loss in this work is the one 
defined by Höhn et al. [22]. The other proposed methods for the calculation of the coefficient 
of friction were not showed in the example given in Table 11 since an analysis of their values 
is presented later in this work.  
6.5.1. No-Load Power Loss 
Several experimental and analytical studies by different authors, related to the no-load 
power loss in gears (churning losses), are available [33] [34] [35] [31] [36] [37] [38] [39]. 
Using gears with modules that ranged from 2 to 8 mm, Terekhov [33], studied the gear 
churning losses caused by high viscosity lubricants (200-2000 cSt) at low speeds. Lauster and 
Boos [34] studied gear churning losses in truck transmissions. Boness [35] studied churning 
losses of partially submerged rotating discs and gears in different fluids like water and oil. 
Höhn et al. [31] did an experimental study of no-load and load dependent gear power losses 
in cylindrical and bevel gears as a function of lubricant type and viscosity, load, speed and 
temperature, presenting a viscosity independent single flow regime model  for the gear 
churning power losses in a pinion/wheel. Seetharaman et al. [36] suggested a physics-based 
fluid mechanics model that predicted spin power losses of gear pairs due to oil churning and 
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windage. Changenet et al. [37] deducted a set of equations that can calculate a dimensionless 
gear drag torque. These equations are directly influenced by the different flow regimes 
dependent upon a critical Reynolds number, which is related to the flow nature, and a 
centrifugal acceleration parameter, which in turn is related to fluid projection caused by the 
rotating gears. LePrince et al. [38] proposed a simplified model, based on surface tension and 
lubricant aeration, in order to quantify the influence of oil sump aeration on churning losses 
therefore reporting a relationship between lubricant aeration and gear churning power loss. 
Changenet et al. [39] shown that the internal housing geometry of a gearbox significantly 
influences the churning power loss. 
None of the aforementioned studies encompass planetary gearboxes. The multitude 
of planetary gearbox designs coupled with complex fluid/geometry interactions may be the 
reason behind the lack of this type of models for planetary gearboxes. 
A CFD (computer fluid dynamics) analysis could accurately predict churning power 
losses in the planetary gearbox studied in this work. 
 In an ideal simulation, in other words, a simulation with unlimited computational 
resources and numerical models with no limitations, every detail of the geometry and 
fluid/geometry interaction should be considered. However there are always limitations 
related with the computational resources and also with the models applied to the problem. 
 In a CFD analysis of a planetary gearbox the following fluid geometry interactions, 
which correspond to the churning power losses in a planetary gearbox, should be considered: 
 Interaction of the rotating planet carrier with the oil sump; 
 Interaction of the rotating sun with the oil sump (different rotational speed 
between the sun and the planet carrier); 
 Interaction of the rotating planets with the oils sump considering two relative 
motions, one that considers the orbit of the planet relatively to the sun and the 
other one relative to its own rotation. 
 Constant compression/expansion of volume due to the meshing gears 
(pocketing effects). 
These phenomena occur simultaneously and there is a large possibility that they are 
simultaneously affected by each other, making the separate sum of each power loss different 
from the power loss obtained from their joint effect. 




6.6. Rolling bearings power loss 
The bearing power loss is directly related with the frictional moment in a rolling bearing 
and the rotational speed of the shaft (as shown in Equation 6.59). 
 𝑃𝑉 𝐿 = 𝑀 ∙ 𝑛 ∙
𝜋
30
∙ 10−3 Equation 6.59 
According to SKF Rolling Bearings Catalogue 10000/1 EN [40] the friction in a rolling 
bearing determines the amount of heat generated by the bearing. The amount of friction 
depends on the loads and several other factors, including: bearing type and size, operating 
speed and properties and volume of lubricant. 
This resistance to rotation is, in a bearing, the result of rolling and sliding friction in the 
contact areas, between the rolling elements and raceways, between the rolling elements and 
cage, and between the rolling elements and other guiding surfaces. Friction can also be 
generated by lubricant drag and contact seals. 
In order to determine the frictional moment of the bearings in question the SKF model 
for calculation of the frictional moment was used. 
The total frictional moment, M, of a rolling bearing is calculated according to Equation 
6.60 [40]: 
 𝑀 = 𝑀𝑟𝑟 + 𝑀𝑠𝑙 + 𝑀𝑠𝑒𝑎𝑙 + 𝑀𝑑𝑟𝑎𝑔 Equation 6.60 
Where: 
 M is the total frictional moment; 
 Mrr is the rolling frictional moment; 
 Msl is the sliding frictional moment; 
 Mseal is the frictional moment of seals; 
 Mdrag is the frictional moment of drag losses, churning, splashing etc. 
6.6.1. Rolling frictional moment 
The rolling frictional moment can be calculated using Equation 6.61 [40]. 
 𝑀𝑟𝑟 = 𝜙𝑖𝑠ℎ ∙ 𝜙𝑟𝑠 ∙ 𝐺𝑟𝑟 ∙ (𝜈 ∙ 𝑛)
0.6  Equation 6.61 
Where: 
 Mrr is the rolling frictional moment [N∙mm]; 
 φish is the inlet shear heating reduction factor;  
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 φrs is the kinematic replenishment/starvation reduction factor; 
 Grr is a variable that depends on the bearing type and mean diameter 
(dm=0.5(d+D)) and on the radial and axial load; 
 n is the rotational speed [rpm]; 
 ν is the kinematic viscosity at operating temperature of the oil or the base oil 
viscosity of the grease [cSt]. 
For deep groove ball bearings, Grr is determined using one of the following equations 
[40]: 
When Fa = 0 𝐺𝑟𝑟 = 𝑅1 ∙ 𝑑𝑚
1.96 ∙ 𝐹𝑟
0.54 Equation 6.62 
When Fa > 0 𝐺𝑟𝑟 = 𝑅1 ∙ 𝑑𝑚





  Equation 6.63 
And for tapered roller bearings, Grr is determined using the following equation [40]: 
 𝐺𝑟𝑟 = 𝑅1 ∙ 𝑑𝑚
2.38 ∙ (𝐹𝑟 + 𝑅2 ∙ 𝑌 ∙ 𝐹𝑎)
0.31  Equation 6.64 
Where: 
 R1 and R2 are geometric constants for rolling frictional moment that depend on 
the type and series of a bearing; 
 Y is the axial load factor for single row bearings; 
 dm is the mean diameter; 
 Fr is the radial load; 
 Fa is the axial load; 






6.6.2. Inlet shear heating reduction factor 
Only a tiny amount of lubricant is used to form a hydrodynamic film. Therefore, some 
of the oil close to the contact area inlet is rejected and produces a reverse flow. This 




Figure 35. Reverse flow in a ball bearing [40]. 
This reverse flow shears the lubricant, generating heat, which lowers the oil viscosity 
and reduces the film thickness and rolling friction. For the effect described above, the inlet 




1 + 1.84 ∙ 10−9 ∙ (𝑛 ∙ 𝑑𝑚)1.28 ∙ 𝜈0.64
 Equation 6.65 
Where: 
 φish is the inlet shear heating reduction factor; 
 n is the rotational speed [rpm]; 
 dm is the bearing mean diameter [mm]; 
 ν is the kinematic viscosity at operating temperature of the oil or the base oil 
viscosity of the grease [cSt]. 
6.6.3. Kinematic replenishment/starvation reduction factor 
In applications where viscosity or speeds are high, the lubricant may not have sufficient 
time to replenish the raceways, causing a “kinematic starvation” effect. Kinematic starvation 
reduces the thickness of the hydrodynamic film and rolling friction [40]. 
For the type of lubrication methods described above, the kinematic 









 Equation 6.66 
Where: 
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 φrs is the kinematic replenishment/starvation reduction factor; 
 Krs is the replenishment/starvation constant: for low level oil bath and oil jet 
lubrication 𝐾𝑟𝑠 = 3 ∙ 10
−8, for grease and oil-air lubrication 𝐾𝑟𝑠 = 6 ∙ 10
−8; 
 KZ is a bearing type related geometric constant; 
 ν is the kinematic viscosity at operating temperature of the oils or the base oil 
viscosity of the grease [cSt]; 
 n is the rotational speed [rpm]; 
 d is the bearing bore diameter [mm]; 
 D is the bearing outside diameter [mm]. 
According to the online SKF bearing calculator [41], for a tapered roller bearing 32022 
X/Q, Equation 6.66 is only valid if the oil level is below 7.525 [mm]. If this does not verify then 
φrs should be considered to be φrs = 1. 
6.6.4. Sliding frictional moment 
 The sliding frictional moment can be calculated using Equation 6.67 [40]: 
 𝑀𝑠𝑙 = 𝐺𝑠𝑙 ∙ 𝜇𝑠𝑙 Equation 6.67 
Where: 
 Msl is the sliding frictional moment [N∙mm]; 
 Gsl is a variable that depends on the bearing type, the bearing mean diameter, 
the radial and axial load; 
 μsl is the sliding friction coefficient. 
For deep groove ball bearings one of the following equations can be used to calculate 
Gsl [40]. 
When Fa = 0 𝐺𝑠𝑙 = 𝑆1 ∙ 𝑑𝑚
−0.26 ∙ 𝐹𝑟
5
3 Equation 6.68 










  Equation 6.69 
And for tapered roller bearings, Gsl is determined by using Equation 6.70 [40]. 
 𝐺𝑠𝑙 = 𝑆1 ∙ 𝑑𝑚
0.82 ∙ (𝐹𝑟 + 𝑆2 ∙ 𝑌 ∙ 𝐹𝑎)  Equation 6.70 
    Where: 
 S1 and S2 are geometric constants for sliding frictional moments. 
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The sliding friction coefficient for full-film and mixed lubrication conditions can be 
estimated using Equation 6.71 [40]. 
 𝜇𝑠𝑙 = 𝜙𝑏𝑙 ∙ 𝜇𝑏𝑙 + (1 − 𝜙𝑏𝑙) ∙ 𝜇𝐸𝐻𝐿  Equation 6.71 
 Where: 
 μsl is the sliding friction coefficient; 
 n is the rotational speed [rpm]; 
 ν is the viscosity at operating temperature of the oil or the base oil viscosity of the 
grease [cSt]; 
 dm is the bearing mean diameter [mm]; 
 μbl is a coefficient that depends on the additive package in the lubricant, generally 
=0.15. 
The weighting factor for the sliding friction coefficient, φbl, can be calculated using 
Equation 6.72 [40]. 
 𝜙𝑏𝑙 = 1/(𝑒
2.6∙10−8∙(𝜈∙𝑛)1.4∙𝑑𝑚) Equation 6.72 
 Usual values for the sliding friction coefficient in full-film conditions, μEHL, are: 
 0.02 for cylindrical roller bearings; 
 0.002 for tapered roller bearings; 
 For other bearings: 
o 0.05 for lubrication with mineral oils; 
o 0.04 for lubrication with synthetic oils. 
6.6.5. Drag losses  
The drag losses that occur when the bearing is rotating in an oil bath contribute to the 
total frictional moment and should not be neglected. These are not only influenced by bearing 
speed, oil viscosity and oil level, but also by the size and geometry of the oil reservoir. External 
oil agitation, which can originate from mechanical elements, like gears or cams, in close 
proximity to the bearing should also be taken into consideration. 
The SKF model for calculating the drag losses in oil bath lubrication considers resistance 
of the rolling elements when moving through the oil and includes the effects of the viscosity 
of the oil. The oil level H is measured from the lowest contact point between the outer ring 
raceway and the rolling element (as shown in Figure 36). 




Figure 36. Oil level H measurement [40]. 
 For tapered roller bearing the lowest point should be the outside diameter D and for 
all other rolling bearings, the outer ring mean diameter (=0.5*(D+D1)). 
 The frictional moment of drag losses for ball bearings can be estimated using Equation 
6.73 [40]. 
𝑀𝑑𝑟𝑎𝑔 = 0.4 ∙ 𝑉𝑀 ∙ 𝐾𝑏𝑎𝑙𝑙 ∙ 𝑑𝑚








∙ 𝑅𝑠  
Equation 6.73 
And the frictional moment of drag losses for roller bearings can be estimated using 
Equation 6.74 [40]. 
𝑀𝑑𝑟𝑎𝑔 = 4 ∙ 𝑉𝑀 ∙ 𝐾𝑟𝑜𝑙 ∙ 𝐶𝑊 ∙ 𝐵 ∙ 𝑑𝑚








∙ 𝑅𝑠  
Equation 6.74 
The rolling element related constant is, for ball bearings, calculated according to 
Equation 6.75 [40]. 
 
𝐾𝑏𝑎𝑙𝑙 =
𝑖𝑟𝑤 ∙ 𝐾𝑍 ∙ (𝑑 + 𝐷)
𝐷 − 𝑑
∙ 10−12 Equation 6.75 
And for roller bearings: 
 
𝐾𝑟𝑜𝑙𝑙 =
𝐾𝐿 ∙ 𝐾𝑍 ∙ (𝑑 + 𝐷)
𝐷 − 𝑑
∙ 10−12 Equation 6.76 
The rest of the variables and functions used in the equations for the frictional moment 
of drag losses are stated in Equation 6.77 to Equation 6.82 [40]. 
𝐶𝑊 = 2.789 ∙ 10
−10 ∙ 𝑙𝐷
3 − 2.786 ∙ 10−4 ∙ 𝑙𝐷




𝑙𝐷 = 5 ∙
𝐾𝐿 ∙ 𝐵
𝑑𝑚
 Equation 6.78 
 𝑓𝑡 = {
sin(0.5 ∙ 𝑡) , 𝑤ℎ𝑒𝑛 0 ≤ 𝑡 ≤ 𝜋
1, 𝑤ℎ𝑒𝑛 𝜋 < 𝑡 < 2 ∙ 𝜋
 Equation 6.79 
 𝑅𝑠 = 0.36 ∙ 𝑑𝑚
2 ∙ (𝑡 − sin(𝑡)) ∙ 𝑓𝐴 Equation 6.80 
When H ≥dm, use H=dm 𝑡 = 2 ∙ cos−1 (
0.6 ∙ 𝑑𝑚 − 𝐻
0.6 ∙ 𝑑𝑚
) Equation 6.81 
 
𝑓𝐴 = 0.05 ∙
𝐾𝑍 ∙ (𝐷 + 𝑑)
𝐷 − 𝑑
 Equation 6.82 
Where: 
 Mdrag is the frictional moment of drag losses [N∙mm]; 
 VM is the drag loss factor; 
 B is the bearing width [mm]: 
o For tapered roller bearings use T; 
o For Thrust bearings use H; 
 dm is the bearing mean diameter [mm]; 
 d is the bearing bore diameter [mm]; 
 D is the bearing outside diameter [mm]; 
 H is the oil level [mm]; 
 irw is the number of ball rows 
 KZ is a bearing type related geometric constant; 
 KL is a rolling bearing type related geometric constant;  
 n is the rotational speed [rpm]; 
 ν is the kinematic viscosity at operating. 
The drag loss factor can be determined using Figure 37. 




Figure 37. Drag loss factor graph for roller and ball bearings [40]. 
6.6.6. Preload 
The calculated axial and radial forces acting in the tapered roller bearings took into 
consideration the preload force. 
Figure 38 shows an example of an arrangement for two tapered roller bearings. The 
case shown in Figure 38 consists of two different size tapered roller bearings, A and B, with 
different spring constants cA and cB. However in the case studied in this work the bearings in 
question have the same size.  
Both bearings are usually subjected to a preload force F0. If the bearings had not been 
preloaded, in the case of an axial force Ka acting on bearing A, bearing B would become 
unloaded, and the additional load acting on bearing A would result in an axial displacement 
δa, smaller than it would be if the bearings had not been preloaded. 
To prevent bearing B from becoming unloaded when bearing A is subjected to an axial 
force Ka, the preload force calculated in Equation 6.83 is required. 
 




 𝐹0 = 𝐾𝑎 ∙ (
𝑐𝐵
𝑐𝐴 + 𝑐𝐵
) Equation 6.83 
In the studied gearbox the tapered bearings were considered to be equal. Therefore 




∙ 𝐾𝑎 Equation 6.84 
 The value of Ka is the sum of a value determined based on the Wittenstein catalogue 
[19] for the maximum axial force allowed on the output shaft and the axial force caused by 
the maximum input torque for each test. 
An example of results for the tapered roller bearing (TPRB) and deep groove ball 
bearing (DGBB) power loss is given in Table 12 Table 11considering a 10 rad/s (≈ 100𝑟𝑝𝑚) 
speed input and 1000 Nm torque input for the MINR gear oil. The input is considered to be in 
the planet carrier. 




 TPRB DGBB 
Preload [N] 𝐹0 16 × 10
3  
Inlet shear heating reduction factor [/] 𝜙𝑖𝑠ℎ 0.9889 0.9745 
Kinematic replenishment/starvation 
reduction factor [/] 
𝜙𝑟𝑠 1 0.9427 
Variable of the rolling frictional moment 
[/] 
𝐺𝑟𝑟 14.599 0.7335 
Rolling frictional moment [N∙m] 𝑀𝑟𝑟 5.578 0.308 
Variable of the sliding frictional moment 
[N∙m] 
𝐺𝑠𝑙  41.8635 1.3623 
Sliding friction coefficient [/] 𝜇𝑠𝑙  0.0048 0.0507 
Weighting factor for the sliding coefficient 
[/] 
𝜙𝑏𝑙 0.0191 0.0073 
Sliding frictional moment [N∙m] 𝑀𝑠𝑙  0.202 0.069 
Frictional moment of drag losses [N∙m] 𝑀𝑑𝑟𝑎𝑔 0.209 0* 
Total frictional moment [N∙m] 𝑀 5.990 0.377 
 
 For grease lubricated rolling bearings the SKF model considers 𝑀𝑑𝑟𝑎𝑔 = 0 which is the 
case for the deep groove ball bearing of the test gearbox. 
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6.7. Needle roller bearings power loss 
The frictional moment of a needle roller bearing (Equation 6.85) was calculated by 
using the SKF Needle roller bearing Catalogue [42] and the Höhn et al. [31] model based also 
on Eschmann et al. [43]. 
 𝑇𝑉𝐿 = 𝑇𝑉𝐿0 + 𝑇𝑉𝐿𝑃1 + 𝑇𝑉𝐿𝑃2 Equation 6.85 
 The no-load component, TVL0, can be calculated using Equation 6.86 or Equation 6.87. 
When 𝜈 ∙ 𝑛 < 2000 𝑇𝑉𝐿0 = 1.6 ∙ 10
−8 ∙ 𝑓0 ∙ dm
3   Equation 6.86 
When 𝜈 ∙ 𝑛 ≥ 2000 𝑇𝑉𝐿0 = 10
−10 ∙ 𝑓0 ∙ (𝜈 ∙ 𝑛)
2
3 ∙ dm
3   Equation 6.87 
 Where: 
 TVL0 is the no-load frictional moment [N∙m]; 
 𝑓0 is a coefficient that depends on the bearing design and lubrication method 
(𝑓0 = 12); 
 ν is the kinematic viscosity of the oil [mm2/s]; 
 n is the rotational speed [rpm] 
 dm is the bearing mean diameter [mm]. 
The load component, TVLP1, can be calculated using Equation 6.88 [31]. 
 𝑇𝑉𝐿𝑃1 = 10
−3 ∙ 𝑓1 ∙ 𝑃1 ∙ 𝑑𝑚 Equation 6.88 
  Where: 
 P1 is the equivalent bearing load; 
 f1 is a coefficient taking into account the direction of load application (f1=0.002). 
And the load component can be calculated using Equation 6.89. 
 𝑇𝑉𝐿𝑃2 = 𝑓2 ∙ 𝐹𝑎 ∙ 𝑑𝑚 ∙ 10
−3 Equation 6.89 
An example of results for the needle roller bearing power loss is given in Table 13 
considering a 10 rad/s (≈ 100𝑟𝑝𝑚) speed input and 1000 Nm torque input for the MINR gear 




Table 13. Example for 100 rpm and 1000 Nm (Needle bearing power loss). 
 Variables Results 
No-Load component of the frictional moment [N∙m] 𝑇𝑉𝐿0 0.1593 
Load component of the frictional moment [N∙m] 𝑇𝑉𝐿𝑃1 0.4197 
Load component of the frictional moment [N∙m] 𝑇𝑉𝐿𝑃2 0 
Total needle bearing torque loss [N∙m] 𝑇𝑉𝐿 0.5790 
 
6.8. Seals power loss 
Seal power losses represent, in most applications, a very small fraction of the nominal 
transmitted power and are almost negligible compared to other losses in a gear drive. 
Nonetheless an approximation is given in Equation 6.90 [31]. 
 𝑃𝑉 𝐷 = 7.69 × 10
−6 × 𝑑𝑠ℎ
2 × 𝑛  Equation 6.90 
Where: 
 dsh is the shaft diameter [mm];  
 n is the rotational speed of the shaft [rpm]. 
The seal power loss is independent of the transmitted power and can therefore be 
more relevant in the regime of partial power transmission. Different seal materials can also 
influence the value of PVD [31]. 
An example of results for the needle roller bearing power loss is given in Table 14 Table 
11considering a 10 rad/s (≈ 100 𝑟𝑝𝑚) speed input and 1000 Nm torque input for the MINR 
gear oil. The input is considered to be in the planet carrier. 
Table 14. Example for 100 rpm and 1000 Nm (Seal power loss) 
 Variables Results 
Seal power loss [W] 𝑇𝑉𝐿0 0.1593 
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6.9. Heat balance 
When the thermal equilibrium is reached, according to thermodynamic laws, the heat 
dissipation through the gearbox must be equal to the sum of the power losses produced in 
the gearbox. 
The energetic equilibrium of a gear transmission results from the sum of the energy 
flux that occurs in the transmission. The balance of the energetic fluxes lead to the thermal 
stabilization of the system: 
 𝑃𝑉 = ?̇?𝑡𝑜𝑡𝑎𝑙 Equation 6.91 
           And: ?̇?𝑡𝑜𝑡𝑎𝑙 = ?̇?𝑟𝑎𝑑 + ?̇?𝑐𝑣 + ?̇?𝑐𝑑  Equation 6.92 
Where: 
 ?̇?𝑟𝑎𝑑 is the heat flow rate due to radiation; 
 ?̇?𝑐𝑣 is the heat flow rate due to convection; 
 ?̇?𝑐𝑑 is the heat flow rate due to conduction. 
These are the predominant heat transfer mechanisms of an oil bath lubricated 
gearbox. Convection and radiation heat transfer happens through the external surface of the 
housing of the gearbox. While a small part of the heat is transferred through the shafts, 
couplings and foundations due to thermal conduction. 
According to Höhn et al. [31] measurements of temperature distribution over the gear 
housing  showed that even for different applications there’s only a small variation of 
temperature occurring. This variation is within a range of about 5 °C. Yet this is only valid for 
cases where the gear drives are splash lubricated with an adequate oil quantity. Since for gear 
drives with a low oil volume the generated heat in the gear mesh and the bearings cannot 
uniformly be distributed to the inner walls of the housing causing, in some cases, hot spots to 
occur. So the average temperature of the housing can be used in further calculations 
guarantying that there will not be significant errors. Also because the difference between the 
housing and the oil temperature is very small the heat flow rate can be written as a function 
of the oil temperature. 
In many applications of stationary gear drives the heat transmission can be 
approximated only by the external heat transfer as the governing portion [31]. Yet for cases 
where there is external forced convection with high air speeds the internal heat transfer has 
to be taken into account [31]. 
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So the total heat flow rate, as suggested by Höhn et al. [31], can be calculated as it is 
showed in Equation 6.93. 
 ?̇?𝑡𝑜𝑡𝑎𝑙 = 𝛼𝐻𝑒𝑎𝑡 ∙ 𝐴 ∙ (𝑇𝑜𝑖𝑙 − 𝑇𝑟𝑜𝑜𝑚) Equation 6.93 
 Where: 
 αHeat is the heat transfer coefficient (which takes into consideration the 
radiation and convection heat transfer coefficients); 
 A is the external area of the gearbox housing; 
 Toil is the oil temperature; 
 Troom is the ambient room temperature. 
There were no changes made to the components of the gearbox except for the 
lubricating oil that was, as it was previously mentioned, changed for each series of tests, so 
the heat transfer coefficient could be found using the values of the stabilized operating 
temperatures, ΔT=Toil-Troom, which were measured during the tests. Therefore ΔT=Toil-Troom 
can also be taken as an indication of the power loss in the gearbox. 
By way of example, the values of 𝛼 ∙ 𝐴, in this application, ranged from 10 to 16 W/m°C.   
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7. Experimental and numerical results 
7.1. Comparison between before and after running-in 
The stabilized operating temperature of the MINR oil test during running-in and in 
normal conditions are compared in Figure 39.  
 
Figure 39. Comparison of the stabilized operating temperature between the normal MINR 
and Running-in MINR. 
 The difference between them ranged from almost 0% to approximately 25% 
(@300rpm/750Nm the relative air humidity was higher). The difference was not that great 
however the running-in MINR showed in almost every test higher temperatures.  
Even if this comparison showed a small difference between the tests the wear 
performance of the MINR running-in was difficult to measure due to the high quantity of 
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Figure 40 compares the ferrograms of MINR oil before and after running-in. 
 
 
(a) Running-in: d=0.01 
 
 
(b) Normal: d=0.1 
Figure 40. Ferrograms of the MINR oil samples: (a) MINR running-in with 0.01 dilution factor; 
(b) MINR normal with 0.1 dilution factor. 
 It’s visible that the running-in MINR ferrogram shows a much greater amount of 
particles in spite of its dilution which is 10 times higher. In other words if the dilution had been 
the same for both samples the amount of particles in the MINR running-in would be 10 times 
more than what is shown in Figure 40.  
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7.2. Lubricant contamination 
During a second run of the MINR tests an abnormal increase of temperature was 
observed. In Figure 41 it’s possible to observe this abnormality. 
 
Figure 41. Comparison of the oil temperature over time between a contaminated and non-
contaminated oil (300 rpm 750 Nm). 
Figure 41 shows the MINR oil temperature during a test with 300 rpm and 750 Nm as 
inputs. The zero mark of the time was set as the time at which both tests were at 60°𝐶. The 
curves shown on the graph should overlap each other since they are tests done under the 
same operating condition and with the same lubricant, yet this obviously doesn’t happen. It 
was observed that the contaminated oil reached a much higher temperature, 98.78°𝐶, than 
the non-contaminated oil, 79.57°𝐶, at the end of the test. Furthermore in the last 30 minutes 
of the test, the contaminated oil suffered an increase in temperature of approximately 4.12°𝐶 
while the non-contaminated oil only had an increase of 0.97°𝐶 that means that the non-
contaminated oil was much closer to attaining thermal stability than the contaminated one. 
Another way of easily observing this, is by looking at the displayed curves where it’s possible 
to understand that the slopes, near the end, of the contaminated and non-contaminated oil 
are significantly different and it’s also possible to observe that the contaminated oil should 
likely keep on increasing its temperature way above 100°𝐶 while the non-contaminated oil 
should keep its temperature closer to 80°𝐶. 
There is also a sudden decrease in temperature close to the 60 minutes mark for the 
non-contaminated oil and 90 minutes mark for the contaminated oil. This happened because 



















do with the test rig being stopped which in turn caused a cooling down of the gearbox and 
nothing to do with the behaviour of the oil or the gearbox. Furthermore, the central control 
software stops counting time while the test rig is stopped thus explaining why the 
temperature in both tests decreased so abruptly when it came close to the aforementioned 
times. 
The FTIR spectra of two contaminated samples, both MINR oil one from the 100rpm 
tests and the other from the 300rpm tests, and a fresh sample of MINR oil are shown in Figure 
42. 
 
Figure 42. Spectra of contaminated oil samples and a fresh sample of MINR oil. 
Analysing the spectra shown in Figure 42 it’s possible to conclude that between the 
1200 and 900 wavelength there are common peaks for both contaminated oil samples which 
are different from the ones displayed by the fresh oil. Thus proving that there was indeed a 
different compound present in the lubricating oil. 
Since the tests that showed the aforementioned behaviour were done after the PAGD 
tests and because the solvent used to clean the gearbox was propanol it was decided to 
artificially contaminate a fresh sample of MINR with propanol and PAGD. Analysing this new 

























Figure 43. Spectra of fresh MINR and PAGD, a mixture of PAGD, MINR and isopropanol and a 
contaminated MINR oil samples. 
Observing Figure 43 it’s possible to conclude that the artificially contaminated MINR 
oil sample has a curve that differs from the fresh MINR in between the 1200 and 900 
wavelength in the same manner of that of the contaminated oil sample from the gearbox. 
 So the most credible hypothesis for what happened is that when the change between 
oils occurred, residues of the remnants of PAGD oil and of the solvent, isopropanol, got lodged 
somewhere inside the gearbox. So when the gearbox was filled with MINR oil in order to 
perform the next test, a reaction between the contaminants (PAGD and isopropanol) must 


























7.3. Experimental results 
As suggested in section 6.7., the stabilized operating temperatures, ΔT=Toil-Troom, can 
be an indication of the power loss in the test gearbox. 
The results of the stabilized operating temperatures, ΔT=Toil-Troom, are shown in Figure 
44. 
 
Figure 44. Stabilized operating temperatures (ΔT=Toil-Troom). 
Detailed information (e.g. exact values for each of the tests performed) about the 
stabilized operating temperatures can be found in the Appendix. 
The PAGD oil was the one that showed the highest stabilized operating temperatures 
for every case while the MINR oil showed exactly the opposite by showing the lowest 
temperatures in every situation. The PAOR and MINE oils both showed similar stabilized 
operating temperatures which were in some tests similar to those of the MINR oil or between 
the PAGD and MINR oil. 
Also worthy of mention is that the speed has a much greater influence on the 
temperature than the torque. The MINE gear oil, for example, showed an almost similar 
temperature (variation of approximately 5%) for the 100 rpm tests even though the torque 
doubled from the first to last test of this series. This also happened in the 200 and 300 rpm 
test series. Furthermore between the 100 rpm 1000 Nm and the 200 rpm 500 Nm test, which 
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50% to almost 100% in the stabilized operating temperature thus proving the major role of 
the speed in the stabilized operating temperature.  
Using the power loss model described in section 6. it was possible to calculate the 
power loss of the gearbox. The calculation of the power loss was done using the absolute 
temperatures given by the temperature sensors in order to calculate the gear oil operating 
viscosities and densities. Before introducing the results of the numerical power loss, the 
operating power is presented. 
The values of the viscosity for each oil for each test were calculated using the ASTM 
D341 standard and are displayed in Figure 45. 
 
Figure 45. Operating viscosities [cSt]. 
Detailed information (e.g. exact values for each of the tests performed) about the 
operating viscosities can be found in the Appendix Table 17. 
The MINR gear oil presented the lowest viscosity and temperature in the 200 and 300 
rpm test. The PAOR and the MINE gear oils showed similar viscosities and for almost every 
test had higher viscosities then those of the MINR and PAGD oils. Despite its higher viscosity 
index, PAGD showed much higher operating temperatures at 200 and 300rpm, resulting in 
similar operating viscosities to MINE and PAOR at these speeds. 
Viscosity is directly related to temperature so the small variations with torque and the 
large variations with speed that were mentioned in previous paragraphs about the stabilized 
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The specific film thicknesses for the sun/planet contact and for the planet/internal gear 
contact were calculated at the pitch point by the D. Dowson and G.R. Higginson model [23] 
using the temperatures obtained in the respective test. The calculated specific film thicknesses 
are shown in Figure 46 and Figure 47 respectively. 
 
Figure 46. Specific film thickness in the sun/planet contact. 
 
Figure 47. Specific film thickness in the planet/ring contact. 
 The specific films thickness is for the most part higher than 0.7 which means that for 
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higher for the planet/ring contacts mainly due to the higher equivalent radius and lower load 
line of this contact. 
7.3.1. Ferrography results 
The number of cycles for each speed and each oil should be the same, and it’s indeed 
quite similar for the MINE, PAOR and PAGD oils, yet this isn’t true for the MINR oil since there 
were other tests made with that oil before the actual tests.  
 The results of the wear indexes found for each speed for all tested oils are presented 
in Table 15: 
Table 15. Wear indexes for each speed for all tested oils. 
Oil Speed Cycles d DL DS ISUC CPUC 
MINE 
100 72000 0.1 73.1 11.9 5.2x105 850.0 
200 264000 0.1 74.2 12.4 5.4x105 866.0 
300 480000 0.1 53.4 10.1 2.7x105 635.0 
PAOR 
100 60000 0.1 27.9 5.8 7.4x104 337.0 
200 192000 0.1 29.9 2.6 8.9x104 325.0 
300 408000 0.1 41.4 4.9 1.7x105 463.0 
PAGD 
100 73000 0.1 4.5 1.6 1.8x103 61.0 
200 217000 0.1 14.3 11.1 8.1x104 254.0 
300 433000 0.1 31.4 18.8 6.3x105 502.0 
MINR 
100 730000 0.1 35.4 4.8 1.2x105 402.0 
200 874000 0.1 26.0 5.4 6.5x104 314.0 
300 658000 0.1 39.3 5.4 1.5x105 447.0 
  
 The evolution of the wear indexes with the number of cycles can be seen in Figure 48 




Figure 48. Evolution of the CPUC wear index. 
 
Figure 49. Evolution of the ISUC wear index. 
The lubricant analysis reports can be found in the Appendix. 
The values obtained for the MINE oil may have been influenced by the running-in 
period because the MINE power loss tests were done right after MINR’s. There wasn’t any 
fresh MINE gear oil available, so the MINE tests were done with used oil. This can explain the 
great difference of the CPUC and ISUC values between the MINE and MINR /PAOR/PAGD oils. 
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(a) MINR (fresh oil) 
 
 
(b) MINE (used oil) 
 
(c) PAOR (fresh oil) 
 
(d) PAGD (fresh oil) 
Figure 50. Entry of the ferrogram. 
 In Figure 50 it’s possible to observe a significant difference between the MINE gear oil 
and the other oils, which is in accordance with the wear indexes shown in Figure 48 and Figure 
49.   
All samples showed some oxidized particles. 
 Observing the ferrrograms it’s also possible to say that the PAOR gear oil shows more 
particles than the MINR oil, even though the wear indexes suggest that the PAOR and the 
MINR gear oils should have the same amount of particles. This apparent inconsistency may be 
related to the somewhat statistical nature of the particle distribution in the ferrogram. 
 The PAGD gear oil showed the lowest amount of particles, among all samples, which is 
consistent with the ISUC results shown in Figure 49. Therefore, the oil that showed the best 
wear performance was the PAGD gear oil, even though it was not that different from the PAOR 





(a) MINR (fresh oil) 
 
(b) MINE (used oil) 
 
(c) PAOR (fresh oil) 
 
(d) PAGD (fresh oil) 
Figure 51. Magnification of found particles in the samples. 
 The ferrograms showed that similar particles can be found in all gear oils. These were 
usually large, thin and reveal fractured edges which are typical wear and fatigue particles. 
 After applying heat treatment to a ferrogram the particles changed its colour. The blue 
tone means that it is a low alloyed steel while the brownish tones mean that it is a medium 
 
Figure 52. MINR particle after heat treatment. 




alloyed steel. Meaning that the origin of this particle may be from the gears or from any other 
component inside the gearbox. 





Figure 53. Friction polymers in the PAGD oil sample. 
 Friction polymers are thought to be created by overstress on a lubricant in critical 
conditions [44]. According to the Wear Particle Atlas [44] the structure of friction polymers is 
a result of the polymerization of the oil molecules to form a large coherent structure. These 
are generally produced under the influence of heavy load and may or not appear depending 




7.3.2. No-Load torque loss results 
The results of the gearbox torque loss for the no-load tests are shown in Figure 54. 
 
Figure 54. Relative no-load gearbox torque loss. 
In Figure 54 the gearbox torque loss of the gear oils is presented relatively to the 
average of the MINR oil at 100 rpm no-load torque loss results. It’s important to mention that 
the abscissa of the graphic in Figure 54 does not reflect the actual operating conditions, it just 
identifies the no-load test that is related to the referenced “loaded” test point. 
MINR oil generates almost constant no-load torque loss for all operating conditions. 
With the exception of the PAOR oil all oils show increasing no-load torque loss with the 
increase of speed. 
The MINR oil shows the lowest no-load torque loss for every test while PAGD shows 
the highest. The MINE and PAOR oils show similar behaviour for the 200 and 300 rpm tests, 
while at 100 rpm PAOR shows similar behaviour to PAGD. 
The dynamic viscosity and the absolute operating temperatures at no-load conditions 
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(a) Dynamic viscosity 
 
(b) Absolute operating temperatures 
Figure 55. Dynamic viscosity and absolute operating temperatures of the no-load tests. 
Observing Figure 55 it’s possible to conclude that for all oils the dynamic viscosity 
lowers with speed, which is a result of the increasing operating temperatures. The PAGD oil 
shows the lowest dynamic viscosity in all tests while MINR shows the highest, being 
sometimes close to the dynamic viscosity of the PAOR oil. 
The absolute operating temperatures show an increase with increasing speeds, this 
behaviour is similar for all oils. The PAGD oil shows the highest absolute operating 
temperatures in every test, standing out from the rest of the oils (@300rpm PAGD 15°C > 
MINR/MINE/PAOR). 
The dynamic viscosity and the absolute operating temperatures are, obviously, related, 
as it has been shown in Section 3, since the dynamic viscosity is a directly correlated with the 
kinematic viscosity and the density, both, in turn, having a direct correlation with the 
temperature of the oil sump. 
So as the temperature rises the dynamic viscosity lowers. 
The PAGD oil shows a distinguishable behaviour from the other oils in all of the 
mentioned results.  
For the 300 rpm tests MINE/PAOR/PAGD have similar dynamic viscosity. Yet, for these 
conditions, PAGD shows a much higher relative no-load torque loss than MINE and PAOR.  
Considering the same geometry and similar dynamic viscosity and operating 
conditions, these results become interesting. A possible explanation for this phenomenon will 
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7.4. Numerical results 
The numerical power loss results are shown in Figure 56. 
 
Figure 56. Power loss model results: Total Power Loss [W]. 
Detailed information (e.g. exact values for each of the tests performed) about the 
power loss model results can be found in the Appendix Table 18. 
 Before any observation is made about the results displayed in Figure 56 one 
consideration has to be taken into account, the power loss model doesn’t contemplate the 
churning losses. Even though Changenet et al. [37] and Gorla et al. [45] showed that the results 
of their experiments validate CFD analysis as a valid method to predict power losses, the same 
may possibly not be true since there are some crucial differences between this and the 
aforementioned researcher’s works: 
 The internal geometry of the planetary gearbox is much more complex than the one 
used on Changenet et al. [37] and Gorla et al. [45] works. And this is relevant because 
the internal geometry of a gearbox has great influence over the churning power loss; 
 There are several components rotating and moving relatively to each other, like the 
planets that rotate around their own axis and around the sun or planet carrier axis 
creating therefore complex flow conditions. 
Analysing the results in Figure 56 it is observable that even though the stabilized 
temperatures indicated that the PAGD gear oil would have the highest power loss and the 
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the opposite. This is due to the absence of a churning power loss model. According to Marques 
et al. [18] density, viscosity, rotational speed, geometry and the flow regime are all factors to 
take into consideration when evaluating the churning power losses in a gearbox. 
Analysing the results of the no-load torque loss it’s possible to observe, as it has been 
mentioned, a higher no-load loss for the PAGD, compared to the MINR oil, which is in 
accordance with what has been explained in the previous paragraphs of this section, yet, the 
difference between the MINR and PAGD observed in the no-load torque loss results are not 
sufficient to explain the difference between the numerical and the experimental results of the 
power loss, which means that the power loss model not only lacks a churning power loss 
model but it also needs to be improved not only because of this reason but also because 
there’s a lack of accurate information about the inside geometry and components of the 
tested gearbox, as it has been mentioned in previous sections of this work. 
The power loss model shows a power loss increase with increasing input torques, which is 
in accordance to the temperature evolution for higher input torques (there is a tendency to a 
small temperature increase with input torque). 
In Figure 57 the different components of the power loss are shown. The gear mesh power 
loss (PVZP - planet/ring and PVZP - sun/planet) are a lot less significant than the power loss of 
the bearings, which correspond to approximately 69-77% of the total power loss in every test.  
Figure 57 shows the evolution of the power loss of each component.  
Analysing Figure 57 it is possible to conclude that there is not a significant change in the 
gear mesh power loss, when compared to the total power loss.  
The needle roller bearings power loss show an almost direct relationship with the 
increase in power. 
Figure 57 shows that the tapered roller bearings (TRBs) are the most important power 
loss source under the tested operating conditions. The power loss generated by the TRBs 
increases with increasing input speeds, but shows a slight decrease for increasing torques at 
the same speed. This apparently strange phenomena can be explained. The pre-load applied 
on the TRBs is orders of magnitude higher than the axial force introduced by the helical gears 
on the planetary gearbox, thus the axial force due to the helical hears has a small influence on 
the torque loss generated by the TRBs.  
Nevertheless, increasing the input torque will drastically increase the power loss 
generated by the needle roller bearings, (NRbs), since from 500 to 1000 Nm the power loss 
generated by the NRBs almost doubles. The increase in the power loss with increasing torques 
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due to the meshing gears and NRBs results on a higher operating temperature, which lowers 









Figure 57. Power loss results of the components of the Power Loss Model: (a) MINR; (b) 
MINE; (c) PAOR; (d) PAGD. 
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7.4.1. Heat transfer coefficient 
The global heat transfer coefficients were calculated using the results obtained with 
the power loss model (Figure 58). 
 
Figure 58. Heat transfer coefficient. 
In an ideal situation the heat transfer coefficient is given by a linear equation that is 
dependent upon temperature. The results on Figure 58 suggest that the model actually gives 
consistent results for the MINR, MINE and PAOR gear oils and even though there is a slight 
scattering they show the same tendency. Yet PAGD shows a very different tendency, the 
global heat transfer coefficient is always smaller than those observed for the other gear oils. 
The absence of a churning loss model may explain these differences, but, for similar 
operating dynamic viscosities, speeds and oil level a churning loss model would give the same 
churning power loss results and yet, at 300rpm, MINE, PAGD and PAOR show similar operating 
viscosities, but PAGD promotes much higher operating temperatures. 
The volumetric expansion of the oil caused by thermal effects, influences the 
immersion depth of the mechanical elements on the planetary gearbox. Nevertheless, even 
considering that PAGD has the highest thermal expansion coefficient, a tremendous increase 
on the churning power loss due to a slight increase on immersion depth shouldn’t be expected. 
The chemical properties of the lubricant can also have an influence on the power loss 
due to fluid-geometry interactions. Surface tension has an influence on the amount of air 
bubbles on the oil sump. Changenet et al. [38] suggested that the amount of air bubbles in an 



























At 300 rpm PAGD shows the lowest operating film thickness. In similar operating 
conditions (temperature, load and speed) the power loss due to power transmitting contacts 
generated by PAGD should be the lowest. This is suggested by results obtained in the FZG test 
rig by Höhn et al. [22]. 
If PAGD usually generates lower load loss, then the great increase on the operating 
temperature at 300rpm (relative to the other gear oils) should be related to a no-load power 
loss source.  
Higher temperatures due to no-load power loss would decrease the lubricant 
operating viscosity which would also decrease the specific film thickness. At 300rpm PAGD, 
PAOR and MINE show similar operating viscosities but very different specific film thickness, as 
shown in Figure 45, Figure 46 and Figure 47.  The specific film thickness is lower because for 
the same operating viscosity, PAGD has the lowest piezoviscosity. 
At 300rpm PAGD specific film thickness is below 0.7 which may indicate boundary 
lubrication conditions. In boundary lubrication conditions the power loss in the gear mesh will 
generally increase.  
The increase in temperature caused by the no-load losses causes a diminution in the 
specific film thickness which in turn causes an increase in the gear contacts power loss, due to 
the diminished specific film thickness. 
A linear regression of the global heat transfer coefficient is shown in Figure 59. 
 
Figure 59. Heat transfer coefficient with linear regression (PAGD excluded).  
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7.4.2. Coefficient of friction comparison 
A comparison between the calculated coefficient of friction (COF) in the sun/planet 
and planet/ring contact for the MINR, MINE, PAOR and PAGD gear oil tests is shown in Figure 
























500 Nm 750 Nm 1000 Nm 500 Nm 750 Nm 1000 Nm 500 Nm 750 Nm 1000 Nm

















500 Nm 750 Nm 1000 Nm 500 Nm 750 Nm 1000 Nm 500 Nm 750 Nm 1000 Nm












500 Nm 750 Nm 1000 Nm 500 Nm 750 Nm 1000 Nm 500 Nm 750 Nm 1000 Nm












500 Nm 750 Nm 1000 Nm 500 Nm 750 Nm 1000 Nm 500 Nm 750 Nm 1000 Nm





















Figure 63. COF comparison of PAGD gear oil; (a) Sun/planet; (b) Planet/ring. 
 Analysing Figure 60 through Figure 63 it is observable that the coefficient of friction 
suggested by the ISO standard shows higher values of the coefficient of friction in almost every 
situation. The Doleschel coefficient of friction and the Michaelis coefficient of friction are 
similar in the planet/ring contact for the 200 and 300 rpm series of tests. For the sun/planet 
contact the coefficient of friction is very different for each model and it shows an increasing 
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An interesting detail is that for the same torque and increasing speeds the coefficient 
of friction lessens for the Michaelis and Doleschel models while for the ISO model it shows a 
different tendency, in other words, it increases with the increase of speed for a constant 
torque. 
The planet/ring contact shows lower coefficient of friction in every test, when 
compared to the sun/planet contact. This is due to a lower load parameter caused by a higher 
average sum of contacting lines length, since the normal forces are the same in both contacts 
(section 6). The equivalent radius is also much larger in the case of the planet/ring contacts. 
The average sum of contacting lines length is ℓ𝑠𝑢𝑛/𝑝𝑙𝑎𝑛𝑒𝑡  = 0.066 while ℓ𝑝𝑙𝑎𝑛𝑒𝑡/𝑟𝑖𝑛𝑔 = 0.072. 
regarding the equivalent radius at pitch point: 𝑅𝑋
𝑠𝑢𝑛/𝑝𝑙𝑎𝑛𝑒𝑡




The loss factor, 𝐻𝑉, for the planet/ring contacts is also lower than the one for the 
sun/planet contacts., lowering even more the calculated power loss for the planet/ring 
(𝐻𝑉
𝑠𝑢𝑛/𝑝𝑙𝑎𝑛𝑒𝑡
= 0.1152 while 𝐻𝑉
𝑝𝑙𝑎𝑛𝑒𝑡/𝑟𝑖𝑛𝑔
= 0.0884). 




8.1. Conclusions based on experimental results 
The results of the stabilized operating temperatures showed that the MINR oil has the 
lowest stabilized operating temperature in all tests except for the 300 rpm 1000 Nm where it 
showed a slightly higher temperature (≈ 1°𝐶) than the PAOR and MINE oils. 
The PAGD oil had the highest stabilized operating temperatures in all tests showing 
even a ≈ 10°𝐶 difference for the most severe conditions. 
The MINE and PAOR oils showed similar stabilized operating temperatures which were 
in almost every conditions in between the MINR and PAGD temperatures. 
Observing the results of the stabilized operating conditions one can also conclude that 
the torque doesn’t have that much of an influence on the stabilized operating temperatures, 
the speed being the dominating factor. This can be observed by comparing the 100rpm 
1000Nm and 200rpm 500Nm where the operating power is almost the same and yet there is 
an increase of the stabilized temperature that ranged from 50% to almost 100%. 
PAGD showed much higher operating temperatures at 200 and 300 rpm, which 
resulted in similar operating viscosities to MINE and PAOR. This was due to its viscosity index. 
The wear performance of the MINR and PAOR oils were similar while the MINE oil had 
much higher wear indexes. It was concluded that this difference was probably due to the fact 
that the MINE tests were done with used oil because there wasn’t any fresh MINE gear oil 
available, furthermore these tests were performed right after the running-in test performed 
with the MINR oil.  
There were some oxidised particles found all over the ferrograms and the PAGD oil 
samples had traces of friction polymers. 
The no-load torque loss results showed that the MINR oil had the lowest no-load 
torque loss while PAGD showed the highest. MINE and PAOR performed similarly for the 200 
and 300 rpm tests. At 100 rpm PAOR and PAGD showed similar behaviour. 
By analysing the results of the dynamic viscosity and the absolute operating 
temperatures for the no-load tests it’s possible to conclude that the absolute operating 
temperatures increase with increasing speeds and the same is verified for the dynamic 
viscosity since there is a correlation between these two results. 
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The PAGD oil shows a distinguishable behaviour from the other oils in all of the 
mentioned results. Having much lower dynamic viscosities and much higher absolute 
temperatures at 300 rpm.  
8.2. Conclusions based on the numerical results 
The numerical results showed the opposite of the experimental results regarding the 
oil with the higher and the one with the lowest power loss. In other words, the stabilized 
operating temperatures that can be directly related to the power loss, showed that the oil 
with the highest power loss was the PAGD and the lowest was the MINR while the calculations 
based on the power loss model showed that the PAGD had the lowest and MINR had the 
highest power loss. This difference was explained as being partially caused by the lack of a 
churning power loss model and by the fact that the power loss model itself could still be 
improved since there is a lack of accurate information about the inside geometry and 
components of the tested gearbox. 
The numerical results also showed that the power loss is more dependent upon the 
speed than upon the torque, which is in agreement with the experimental results. 
Analysing the components of the power loss it was concluded that the bearings are the 
main cause of the power loss representing 50% to 70% of the total power loss. 
The power loss caused by the gear contacts is low, when comparing to the bearings 
losses. 
The needle roller bearings are very influenced by the torque and also by the speed, 
showing an almost direct correlation (linear) with the increase of the transmitted power. 
The tapered roller bearings are the most influential power loss source in the gearbox. 
These bearings are mainly influenced by the speed showing an unexpected behaviour 
regarding the torque, since, by increasing the torque, the power loss generated by these 
components lowered. This was explained by the high applied preload on these bearings. 
A heat transfer coefficient was calculated based on the numerical results. The results 
showed that the power loss model gave consistent results for the MINR, MINE and PAOR oils. 
Yet the model for PAGD oil showed a different tendency, resulting in a much lower global heat 
transfer coefficient. These differences were explained as being caused by the lack of a 
churning power loss model. 
A comparison between the different calculated coefficients of friction was made and 
it was observed that the ISO standard shows the higher values of the coefficient of friction in 
almost every tested situation. The Doleschel coefficient of friction and the Michaelis 
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coefficient of friction were proved to be similar in the planet/ring contact for the 200 and 300 
rpm series of tests. In the sun/planet contact the coefficient of friction is very different for 
each model and it shows an increasing tendency in each series of speed corresponding to the 
increase of torque. 
The planet/ring contact shows lower coefficient of friction and power loss in every test, 
compared to the sun/planet contact. This is due to differences in the average sum of 
contacting lines length, the equivalent radius and the gear loss factor. 
8.3. Lubricant contamination and running-in conclusions 
The running-in tests showed slightly higher stabilized operating conditions but a much 
higher amount of particles when comparing to a normal test. 
In a performed test of the MINR oil the temperatures were attaining unusual values 
and it was verified that this problem was caused by lubricant contamination. By doing FTIR 
analysis it was demonstrated that these contaminants were a mixture of PAGD oil and 
isopropanol, which was used as a solvent when removing the PAGD oil from the gearbox. 
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9. Future works 
More lubricants with different base oils, different additive packages and different 
viscosity grades should be tested to further comprehend the power loss process in a planetary 
multiplier gearbox and to improve the power loss model. 
A computer fluid dynamics analysis, even though it may not take into account the 
particular lubricant chemistry, should be done in the planetary multiplier gearbox in order to 
evaluate the churning power losses and to understand the influence of the oil formulation in 
this power loss source. This is one of the most important things that has to be done since it is, 
as it was shown, one of the most important factors that contribute to the total power loss. 
The tested gearbox should be disassembled to check if the prediction of the 
components were correct and to see if a problem occurred with any of the components. 
The output torque sensors should be repaired so that the torque loss can be precisely 
measured using the measured torques instead of the stabilized operating conditions. 
A torque sensor next to the motor should be installed in order to have more precise 
measurements of the torque loss. 
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A. Reports from the experimental tests 
    
113 
 
A.1. MINE Oil 
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Test number: 1 Date: 27/03/2013 By: Diogo Pereira 
OIL: MINE  
 Imposed working conditions Units 
nin 100 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 95.23 rpm 
nout 378.93 rpm 
TQin 499.04 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 47.48 °𝐶 
Twall 44.05 °𝐶 
Toil (M12 sensor) 46.02 °𝐶 
Tamb 24.84 °𝐶 
   
 Additional information Units 
































Test number: 2 Date: 28/03/2013 By: Diogo Pereira 
OIL: MINE  
 Imposed working conditions Units 
nin 100 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 96.24 rpm 
nout 382.57 rpm 
TQin 749.48 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 48.91 °𝐶 
Twall 45.38 °𝐶 
Toil (M12 sensor) 47.75 °𝐶 
Tamb 25.64 °𝐶 
   
 Additional information Units 
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Test number: 3 Date: 28/03/2013 By: Diogo Pereira 
OIL: MINE  
 Imposed working conditions Units 
nin 100 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 96.13 rpm 
nout 382.23 rpm 
TQin 997.80 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 50.54 °𝐶 
Twall 46.82 °𝐶 
Toil (M12 sensor) 49.71 °𝐶 
Tamb 26.90 °𝐶 
   
 Additional information Units 






























Test number: 4 Date: 01/04/2013 By: Diogo Pereira 
OIL: MINE  
 Imposed working conditions Units 
nin 200 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 196.05 rpm 
nout 784.25 rpm 
TQin 500.69 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 66.76 °𝐶 
Twall 60.32 °𝐶 
Toil (M12 sensor) 63.78 °𝐶 
Tamb 25.58 °𝐶 
   
 Additional information Units 
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Test number: 5 Date: 01/04/2013 By: Diogo Pereira 
OIL: MINE  
 Imposed working conditions Units 
nin 200 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 196.01 rpm 
nout 784.15 rpm 
TQin 748.98 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 70.83 °𝐶 
Twall 64.02 °𝐶 
Toil (M12 sensor) 68.24 °𝐶 
Tamb 27.87 °𝐶 
   
 Additional information Units 
































Test number: 6 Date: 02/04/2013 By: Diogo Pereira 
OIL: MINE  
 Imposed working conditions Units 
nin 200 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 195.92 rpm 
nout 783.72 rpm 
TQin 998.62 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 66.76 °𝐶 
Twall 60.32 °𝐶 
Toil (M12 sensor) 63.78 °𝐶 
Tamb 25.58 °𝐶 
   
 Additional information Units 
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Test number: 7 Date: 02/04/2013 By: Diogo Pereira 
OIL: MINE  
 Imposed working conditions Units 
nin 300 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 296.25 rpm 
nout 1185.11 rpm 
TQin 500.16 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 84.66 °𝐶 
Twall 76.04 °𝐶 
Toil (M12 sensor) 80.34 °𝐶 
Tamb 30.36 °𝐶 
   
 Additional information Units 

































Test number: 8 Date: 03/04/2013 By: Diogo Pereira 
OIL: MINE  
 Imposed working conditions Units 
nin 300 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 296.22 rpm 
nout 1184.99 rpm 
TQin 749.16 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 86.11 °𝐶 
Twall 77.17 °𝐶 
Toil (M12 sensor) 82.02 °𝐶 
Tamb 28.98 °𝐶 
   
 Additional information Units 
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Test number: 9 Date: 03/04/2013 By: Diogo Pereira 
OIL: MINE  
 Imposed working conditions Units 
nin 300 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 296.16 rpm 
nout 1184.65 rpm 
TQin 998.64 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 91.59 °𝐶 
Twall 82.27 °𝐶 
Toil (M12 sensor) 88.64 °𝐶 
Tamb 32.82 °𝐶 
   
 Additional information Units 
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Test number: 10 Date: 08/04/2013 By: Diogo Pereira 
OIL: PAOR  
 Imposed working conditions Units 
nin 100 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 96.08 rpm 
nout 381.54 rpm 
TQin 499.91 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 45.68 °𝐶 
Twall 42.50 °𝐶 
Toil (M12 sensor) 44.17 °𝐶 
Tamb 22.49 °𝐶 
   
 Additional information Units 



































Test number: 11 Date: 09/04/2013 By: Diogo Pereira 
OIL: PAOR  
 Imposed working conditions Units 
nin 100 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 95.96 rpm 
nout 1149.99 rpm 
TQin 749.93 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 46.66 °𝐶 
Twall 43.36 °𝐶 
Toil (M12 sensor) 45.56 °𝐶 
Tamb 23.06 °𝐶 
   
 Additional information Units 
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Test number: 12 Date: 09/04/2013 By: Diogo Pereira 
OIL: PAOR  
 Imposed working conditions Units 
nin 100 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 95.81 rpm 
nout 381.68 rpm 
TQin 998.31 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 48.17 °𝐶 
Twall 44.72 °𝐶 
Toil (M12 sensor) 47.27 °𝐶 
Tamb 24.42 °𝐶 
   
 Additional information Units 






























Test number: 13 Date: 09/04/2013 By: Diogo Pereira 
OIL: PAOR  
 Imposed working conditions Units 
nin 200 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 196.09 rpm 
nout 784.36 rpm 
TQin 500.39 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 65.20 °𝐶 
Twall 59.39 °𝐶 
Toil (M12 sensor) 61.90 °𝐶 
Tamb 25.92 °𝐶 
   
 Additional information Units 
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Test number: 14 Date: 10/04/2013 By: Diogo Pereira 
OIL: PAOR  
 Imposed working conditions Units 
nin 200 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 196.03 rpm 
nout 784.14 rpm 
TQin 748.92 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 67.11 °𝐶 
Twall 61.13 °𝐶 
Toil (M12 sensor) 63.72 °𝐶 
Tamb 25.56 °𝐶 
   
 Additional information Units 
































Test number: 15 Date: 10/04/2013 By: Diogo Pereira 
OIL: PAOR  
 Imposed working conditions Units 
nin 200 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 195.96 rpm 
nout 783.88 rpm 
TQin 997.82 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 71.00 °𝐶 
Twall 64.61 °𝐶 
Toil (M12 sensor) 67.30 °𝐶 
Tamb 27.23 °𝐶 
   
 Additional information Units 
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Test number: 16 Date: 11/04/2013 By: Diogo Pereira 
OIL: PAOR  
 Imposed working conditions Units 
nin 300 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 296.28 rpm 
nout 1185.23 rpm 
TQin 499.86 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 82.95 °𝐶 
Twall 74.66 °𝐶 
Toil (M12 sensor) 77.89 °𝐶 
Tamb 26.57 °𝐶 
   
 Additional information Units 

































Test number: 17 Date: 11/04/2013 By: Diogo Pereira 
OIL: PAOR  
 Imposed working conditions Units 
nin 300 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 296.23 rpm 
nout 1184.83 rpm 
TQin 748.59 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 87.24 °𝐶 
Twall 78.55 °𝐶 
Toil (M12 sensor) 82.96 °𝐶 
Tamb 29.36 °𝐶 
   
 Additional information Units 
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Test number: 18 Date: 12/04/2013 By: Diogo Pereira 
OIL: PAOR  
 Imposed working conditions Units 
nin 300 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 296.19 rpm 
nout 1184.76 rpm 
TQin 998.57 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 87.08 °𝐶 
Twall 78.52 °𝐶 
Toil (M12 sensor) 83.00 °𝐶 
Tamb 28.44 °𝐶 
   
 Additional information Units 
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A.3. PAGD Oil 
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Test number: 19 Date: 16/04/2013 By: Diogo Pereira 
OIL: PAGD  
 Imposed working conditions Units 
nin 100 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 96.12 rpm 
nout 382.94 rpm 
TQin 500.00 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 50.06 °𝐶 
Twall 46.63 °𝐶 
Toil (M12 sensor) 48.30 °𝐶 
Tamb 25.04 °𝐶 
   
 Additional information Units 































Test number: 20 Date: 16/04/2013 By: Diogo Pereira 
OIL: PAGD  
 Imposed working conditions Units 
nin 100 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 96.16 rpm 
nout 382.90 rpm 
TQin 749.90 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 52.90 °𝐶 
Twall 49.19 °𝐶 
Toil (M12 sensor) 51.64 °𝐶 
Tamb 27.00 °𝐶 
   
 Additional information Units 
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Test number: 21 Date: 17/04/2013 By: Diogo Pereira 
OIL: PAGD  
 Imposed working conditions Units 
nin 100 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 96.12 rpm 
nout 382.59 rpm 
TQin 998.07 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 51.93 °𝐶 
Twall 48.24 °𝐶 
Toil (M12 sensor) 50.83 °𝐶 
Tamb 25.57 °𝐶 
   
 Additional information Units 






























Test number: 22 Date: 17/04/2013 By: Diogo Pereira 
OIL: PAGD  
 Imposed working conditions Units 
nin 200 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 196.09 rpm 
nout 784.33 rpm 
TQin 499.76 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 73.64 °𝐶 
Twall 67.00 °𝐶 
Toil (M12 sensor) 69.99 °𝐶 
Tamb 28.42 °𝐶 
   
 Additional information Units 
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Test number: 23 Date: 18/04/2013 By: Diogo Pereira 
OIL: PAGD  
 Imposed working conditions Units 
nin 200 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 195.98 rpm 
nout 783.96 rpm 
TQin 749.48 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 75.88 °𝐶 
Twall 68.92 °𝐶 
Toil (M12 sensor) 72.27 °𝐶 
Tamb 27.25 °𝐶 
   
 Additional information Units 

































Test number: 24 Date: 18/04/2013 By: Diogo Pereira 
OIL: PAGD  
 Imposed working conditions Units 
nin 200 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 195.95 rpm 
nout 783.89 rpm 
TQin 998.28 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 80.35 °𝐶 
Twall 72.81 °𝐶 
Toil (M12 sensor) 76.83 °𝐶 
Tamb 29.36 °𝐶 
   
 Additional information Units 
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Test number: 25 Date: 17/04/2013 By: Diogo Pereira 
OIL: PAGD  
 Imposed working conditions Units 
nin 300 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 196.09 rpm 
nout 784.33 rpm 
TQin 499.76 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 73.64 °𝐶 
Twall 67.00 °𝐶 
Toil (M12 sensor) 69.99 °𝐶 
Tamb 28.42 °𝐶 
   
 Additional information Units 






























Test number: 26 Date: 18/04/2013 By: Diogo Pereira 
OIL: PAGD  
 Imposed working conditions Units 
nin 300 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 195.98 rpm 
nout 783.96 rpm 
TQin 749.48 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 75.88 °𝐶 
Twall 68.92 °𝐶 
Toil (M12 sensor) 72.27 °𝐶 
Tamb 27.25 °𝐶 
   
 Additional information Units 
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Test number: 27 Date: 18/04/2013 By: Diogo Pereira 
OIL: PAGD  
 Imposed working conditions Units 
nin 300 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 195.95 rpm 
nout 783.89 rpm 
TQin 998.28 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 80.35 °𝐶 
Twall 72.81 °𝐶 
Toil (M12 sensor) 76.83 °𝐶 
Tamb 29.36 °𝐶 
   
 Additional information Units 
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A.4. MINR Oil 
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Test number: 28 Date: 15/05/2013 By: Diogo Pereira 
OIL: MINR  
 Imposed working conditions Units 
nin 100 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 96.42 rpm 
nout 383.60 rpm 
TQin 501.30 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 47.02 °𝐶 
Twall 45.08 °𝐶 
Toil (M12 sensor) 46.51 °𝐶 
Tamb 27.90 °𝐶 
   
 Additional information Units 


































Test number: 29 Date: 16/05/2013 By: Diogo Pereira 
OIL: MINR  
 Imposed working conditions Units 
nin 100 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 96.38 rpm 
nout 383.39 rpm 
TQin 749.88 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 45.98 °𝐶 
Twall 43.15 °𝐶 
Toil (M12 sensor) 45.60 °𝐶 
Tamb 24.94 °𝐶 
   
 Additional information Units 
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Test number: 30 Date: 16/05/2013 By: Diogo Pereira 
OIL: MINR  
 Imposed working conditions Units 
nin 100 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 96.27 rpm 
nout 383.32 rpm 
TQin 999.20 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 48.15 °𝐶 
Twall 45.04 °𝐶 
Toil (M12 sensor) 48.14 °𝐶 
Tamb 26.13 °𝐶 
   
 Additional information Units 































Test number: 31 Date: 17/05/2013 By: Diogo Pereira 
OIL: MINR  
 Imposed working conditions Units 
nin 200 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 196.11 rpm 
nout 784.46 rpm 
TQin 500.28 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 63.56 °𝐶 
Twall 58.30 °𝐶 
Toil (M12 sensor) 60.62 °𝐶 
Tamb 25.97 °𝐶 
   
 Additional information Units 
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Test number: 32 Date: 17/05/2013 By: Diogo Pereira 
OIL: MINR  
 Imposed working conditions Units 
nin 200 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 196.09 rpm 
nout 784.35 rpm 
TQin 748.52 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 66.48 °𝐶 
Twall 60.97 °𝐶 
Toil (M12 sensor) 63.84 °𝐶 
Tamb 27.48 °𝐶 
   
 Additional information Units 































Test number: 33 Date: 20/05/2013 By: Diogo Pereira 
OIL: MINR  
 Imposed working conditions Units 
nin 200 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 196.00 rpm 
nout 784.04 rpm 
TQin 998.95 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 66.22 °𝐶 
Twall 60.91 °𝐶 
Toil (M12 sensor) 63.85 °𝐶 
Tamb 25.91 °𝐶 
   
 Additional information Units 
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Test number: 34 Date: 14/05/2013 By: Diogo Pereira 
OIL: MINR  
 Imposed working conditions Units 
nin 300 rpm 
TQin 500 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 309.89 rpm 
nout 1239.59 rpm 
TQin 500.29 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 82.18 °𝐶 
Twall 74.65 °𝐶 
Toil (M12 sensor) 79.60 °𝐶 
Tamb 28.33 °𝐶 
   
 Additional information Units 

































Test number: 35 Date: 13/05/2013 By: Diogo Pereira 
OIL: MINR  
 Imposed working conditions Units 
nin 300 rpm 
TQin 750 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 296.25 rpm 
nout 1184.96 rpm 
TQin 749.42 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 79.01 °𝐶 
Twall 72.17 °𝐶 
Toil (M12 sensor) 77.46 °𝐶 
Tamb 29.56 °𝐶 
   
 Additional information Units 
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Test number: 36 Date: 14/05/2013 By: Diogo Pereira 
OIL: MINR  
 Imposed working conditions Units 
nin 300 rpm 
TQin 1000 N∙m 
Test period 240 min 
   
 
Actual working conditions 
(average of the last 30min) 
Units 
nin 310.78 rpm 
nout 1243.23 rpm 
TQin 998.77 N∙m 
   
 
Temperature readings 
(average of the last 30min) 
Units 
Toil (M5 sensor) 90.55 °𝐶 
Twall 81.96 °𝐶 
Toil (M12 sensor) 89.11 °𝐶 
Tamb 31.10 °𝐶 
   
 Additional information Units 
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B. Lubricant Analysis Reports 
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B.1. MINE Oil 
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B.2. PAOR Oil 
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B.4. PAGD oil 
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B.5. Running-in MINR Oil 
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C. Results in tabular form 
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Table 16. Stabilized operating temperatures. 
  ΔT [°𝐶] 
  MINR MINE PAOR PAGD 
100 rpm 
500 Nm 19.122 22.635 23.191 25.022 
750 Nm 21.045 23.264 23.596 25.902 
1000 Nm 22.021 23.638 23.750 26.364 
200 rpm 
500 Nm 37.586 41.181 39.273 45.220 
750 Nm 38.998 42.957 41.550 48.629 
1000 Nm 40.313 43.681 43.769 50.997 
300 rpm 
500 Nm 53.849 54.306 56.377 68.583 
750 Nm 49.449 57.128 57.876 71.731 
1000 Nm 59.451 58.766 58.633 72.322 
 
Table 17. Kinematic viscosities at operating temperature. 
  ν [cSt] 
  MINR MINE PAOR PAGD 
100 rpm 
500 Nm 207.18 228.80 235.08 194.25 
750 Nm 220.21 214.35 224.22 175.30 
1000 Nm 194.02 199.23 208.64 181.44 
200 rpm 
500 Nm 87.62 104.03 101.49 92.74 
750 Nm 76.73 90.07 94.47 87.46 
1000 Nm 77.63 90.46 82.03 78.17 
300 rpm 
500 Nm 40.66 57.77 55.20 53.00 
750 Nm 45.78 55.36 48.48 45.58 
1000 Nm 30.35 47.36 48.72 47.12 
 
Table 18. Total calculated Power Loss of each test. 
  Power Loss [W] 
  MINR MINE PAOR PAGD 
100 rpm 
500 Nm 272.30 261.85 276.49 259.21 
750 Nm 315.42 297.76 307.00 279.82 
1000 Nm 335.91 326.03 337.04 321.25 
200 rpm 
500 Nm 532.94 500.46 508.31 469.06 
750 Nm 575.79 547.44 574.00 536.54 
1000 Nm 657.36 624.07 624.68 605.37 
300 rpm 
500 Nm 756.89 703.38 717.48 692.42 
750 Nm 831.89 806.59 802.52 807.36 
1000 Nm 946.43 906.11 911.62 900.07 
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D. KISSSOFT analysis of the planetary gearbox 
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D.2. Loads and Kinematics 
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